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Summary 
The current research investigated the conditions that would enable application of 
ethanol in a small diesel engine without aids for ignition such as a spark-plug or a glow 
plug. The wider context of the research was investigation of the possibility for 
application of alcohol fuels for small stationary diesel engines for use in developing 
countries. This stems from the realisation of the crucial contribution of small diesels to 
the development of the rural populations in those countries and the problem of supply 
of the fuel for those engines owing to lack of foreign currency to buy oil as is common 
in many developing countries. 
An original single cylinder NA/DI Petter PH 1 diesel engine was converted to run on 
hydrated ethanol mixed with 2% (vol) of castorene for lubrication. The compression 
ratio was increased from 16.5: 1 to 20: 1 and an exhaust gas recirculation system was 
fitted in order to achieve higher cylinder gas temperatures at the time of fuel injection. 
Successful operation of the engine on ethanol by compression-ignition covered bmep 
values of 100 - 450 kPa at various engine speeds. The brake specific fuel consumption 
of the modified high compression engine (CR 20: 1) on ethanol (converted to gasoil 
equivalent) was generally lower than that for gasoil at the same compression ratio and 
comparable with that for gasoil in the original engine. 
Inlet manifold air temperature in the range 60 - 95 °C was found to enable smooth 
engine operation on ethanol at 1500 rev/min. Assuming isentropic compression of the 
cylinder gas from the initial conditions before compression, the mean gas temperature 
at the time of fuel injection at 1500 rev/min was found to be 714 K. This compared 
well with the autoignition temperature of ethanol of 638 K. 
The combustion of ethanol in the small diesel engine was characterised by a relatively 
longer ignition delay but a more rapid combustion after ignition compared with gasoil. 
Combustion performance comparable to that of gasoil was achieved at 1500 rev/min 
with an advanced injection timing of 35 °btdc. 
Insulation of the combustion chamber was very important for satisfactory combustion 
of ethanol over a wide range of load conditions. Experiments without insulation of the 
combustion chamber showed a poorer combustion performance. 
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1. SYMBOLS 
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Nomenclature and Units. 
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x 
Nomenclature and Units. 
2. SUBSCRIPTS. 
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GOE gasoil energy equivalent 
i indicated 
m mechanical 
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Chapter 1 
Introduction 
Conservation of energy and diversification of sources of energy, which resulted from 
the initial sharp increase in the price of crude oil in the early 1973, served as a stimulant 
for research on all aspects of use of non-fossil fuels for internal combustion engines. 
Alcohols, especially ethanol and methanol, comprise one group of alternative fuels 
which is considered attractive for this purpose. Both ethanol and methanol can be 
produced from indigenous energy resources like biomass, coal and natural gas. 
Beside the issues of conservation, alcohol fuels have also been cited as being able to 
offer solutions to a number of varied problems faced by different countries. These 
include difficulties in balance of payments when importing oil - an issue of great 
significance to poor, oil importing, developing countries. They also offer possible 
solutions in meeting the requirements for the reduction of environmental pollution in 
countries enforcing strict emission control laws. 
Increased awareness in the last few years of the detrimental effects caused by the 
pollution of the environment owing to the greater use of fossil fuels has arrested the 
downward trend of interest and research in alternative fuels that followed falling oil 
prices after the initial price shock. Environmental awareness was brought to public 
attention in the 1960's when smog became an issue in large cities like Los Angeles, 
Tokyo and Mexico City. Since then, environmental awareness has increased with 
increasing knowledge of the extent of the impact of the environmental damage caused 
by, among other human activities, the use of fossil fuels for industry and 
transportation. Burning fossil fuels emit carbondioxide (C02), a gas which has been 
labelled as the chief heat trapping gas causing the well publicised phenomenon of 
greenhouse effect. With the greenhouse effect on earth, the concentration of CO2 in the 
atmosphere is claimed to form a kind of blanket over the surface of the earth stopping 
heat radiated from the earth from escaping to outer space. It has been argued that this 
phenomenon has been responsible for observed and predicted increase in the average 
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temperature on the surface of the earth. The consequence of the increase of temperature 
of the surface of the earth is the threat for sea levels to rise, fierce storms, winds and 
heat waves. Over the years, therefore, agencies have been set up World-wide to 
formulate rules and procedures to curb the increase of CO2 and other environmentally 
damaging gases like chlorofluorocarbons (CFCs), SO2 and NOR. Reduction of CO2 
has been targetted as the main step in checking the greenhouse effect and this has been 
anticipated to be achieved by switching to non-fossil fuels, demanding higher-mileage 
cars and energy-efficient industries. 
Culminating in activities aimed at protecting the environment was the staging of the 
`Earth Summit' or officially, the United Nations Conference on Environment and 
Development (UNCED) in June 1992. The summit drew heads of states and delegates 
from all over the world, making it the world's largest and probably most important 
meeting on environment ever held. In it delegates negotiated among other things, the 
basic terms for a legally binding convention aimed to reduce global warming. 
The future of the global ecosystem is obviously the most important issue today. 
Attention has been called to the issue of sustainable development which accords 
environmental protection. It is the awareness and concern for environmental protection 
that has provided the greater stimulation for most of the recent research in use of non- 
fossil or other so called clean fuels for internal combustion engines. 
Compared with petroleum fuels, alcohol fuels have the undesirable features of low 
calorific value and a high enthalpy of vapourisation. Their high auto-ignition 
temperatures and, therefore, high octane ratings render them as more suited for 
replacement of gasoline in spark-ignition engines - an area which has benefitted from 
extensive research and implementation programmes especially for automotive 
applications. Brazil has been a world leader in its programme initiated in 1975 to 
substitute ethanol for gasoline in small cars. The very attributes which make alcohol 
fuels suitable for replacement of gasoline, make them poor fuels for compression- 
ignition engines. In Cl engines they give rise to long ignition delay periods, quantified 
by very low cetane numbers. 
If alcohols are to be seriously considered as a substitute for petroleum fuels on a large 
scale, however, they must at the same time be deployed as a substitute 
for gasoil. 
Without gasoil substitution crude oil importation levels in non-oil producing countries 
will have to be maintained in order to sustain the demand for gasoil. 
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1.1 Fuel properties. 
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The most notable properties of alcohols as compared with conventional petroleum fuels 
are given in Appendix 1, but some points are worth noting in consideration for their 
use in compression-ignition, internal combustion engines. 
Cetane number. 
The ignition quality of a fuel is normally expressed in terms of the equivalent blend of 
standardised high and low ignition quality reference fuels which gives the same ignition 
delay as the fuel sample when tested under identical running conditions. This method 
does not eliminate the possibility of differences caused by different engines or different 
running conditions. It does, however, provide a means of rating fuels for most 
practical purposes. As Lilly (1)1 points out, the value of ignition delay obtained with 
a sample fuel depends on the actual engine used and on the exact running conditions. 
The standard reference fuels used for the measurement of cetane value are cetane (n- 
hexadecane, C16H34), and a-methylnaphthalene (C11H 10) (2). These are pure 
hydrocarbons of high and low ignition quality respectively. Their ignition qualities are 
so different to each other that blends of the two can be made to match the ignition 
quality of any commercially available fuel. If a fuel is matched by a blend of say 45% 
cetane and 55% a-methylnaphthalene, its cetane number is said to be 45. 
The test method accepted universally as standard is that developed and standardised by 
the American Society for Testing and Materials as ASTM D-613 and which has been 
adopted by the International Standards Organisation as ISO 5165. This requires a 
special CFR (Cooperative Fuel Research) engine. The ignition delay of the test fuel is 
measured under standardised conditions and then the blend of secondary reference 
fuels found which gives the identical ignition delay under the same running conditions. 
The ignition delay in diesel engine is defined as the time (or crank angle) interval 
between the start of fuel injection and the start of combustion. The start of injection is 
usually taken as the time when the injector needle lifts off its seat as determined by a 
needle lift indicator. The start of combustion is more difficult to determine precisely. It 
is best identified from the change in slope of the heat release rate, determined from 
cylinder pressure data, which occurs at ignition (2). Under normal conditions, ignition 
1 () numbers in parenthesis designate reference at the end of the dissertation. 
2 It is standard practice now to use heptamethyl nonane as the low reference fuel (cetane number, CN 
= 15) since a-methylnapthalene is unstable. The method could not, of course, rate 
fuels of CN < 15. 
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in DI engines is well defined - and pressure data alone can indicate when pressure 
change owing to combustion first occurs. 
The fact that the ignition delay of a sample fuel is dependent on the engine used and the 
specific running conditions has led some researchers like Hardenberg et al (3) to 
question the validity of the current cetane rating procedure as applied to non- 
hydrocarbon fuels. Hardenberg et al argue that the method does not give cetane 
numbers that are representative of the ignition characteristics of the fuels in a practical 
diesel engine. As regards fuels of very low cetane numbers, Hardenberg suggests that 
it would be wrong to regard a fuel as unsuitable for use in the practical diesel engine if 
its cetane number lies below the measurement range of the standardised test method - ie 
below 30. This is primarily because it has been shown that fuels with cetane numbers 
below 30 can be used in conventional diesel engines with satisfactory ignition quality 
and performance. An example of this is given by their experiments. Experiments for 
this research have also shown that it is possible to run a compression-ignition engine 
on ethanol although its cetane number -8 is far below 30, the minimum cetane number 
regarded as suitable for diesel operation. 
Hardenberg et al. experimented with ignition improved ethanol at various 
concentrations of the ignition improver. They determined the equivalent cetane number 
of their fuels by measuring the ignition delay period when running in a conventional, 
production DI diesel engine. Cetane numbers so obtained were compared with those 
returned by the standard cetane rating procedure and these were found to be far below 
their ignition-delay derived values using the production DI engine. 
In an explanation of the effect of fuel properties on the ignition delay period, 
Heywood JB (2) states that studies on the effect of physical and chemical properties 
of fuels on the delay period revealed that the chemical characteristics of a fuel are the 
much more important in determining the ignition delay. This is despite the fact that 
both physical and chemical processes take place during this period. Heywood further 
stipulates that the physical characteristics of gasoil do not significantly affect the 
ignition delay in a fully or partially warmed up engine. Results from tests with gasoil 
of different volatility and others with fuel viscosity variation of over a factor of 2.5 
showed no significant effect. According to Heywood, in a warmed up engine, 
variations of fuel atomisation, spray penetration and rate of vapourisation over 
reasonable ranges do not seem to influence the duration of the delay period 
significantly. 
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Calorific/specific energy. 
5 
The lower calorific value of methanol and ethanol are respectively, 19.9 and 27.2 
MJ/kg and are lower than that of gasoil - 42.5 MJ/kg (Appendix 1). This is a 
consequence of the oxygen content of these fuels. In the case of methanol, for 
example, the oxygen content is 50% of the mass. This phenomenon results in 
increased fuel flow rates when running on alcohol fuels under the same operating 
conditions. 
Enthalpy of vapourisation. 
The enthalpies of vapourisation of methanol and ethanol are 1080 kJ/kg and 845 kJ/kg 
respectively and are higher than those of gasoil or gasoline which are 177 kJ/kg and 
279 kJ/kg respectively (Appendix 1). While this may lead to improvements in 
volumetric efficiency in SI engines it may also necessitate inlet manifold heating for 
starting and in extremely cold climates, for continued operation. In compression 
ignition engines, the higher enthalpies of vapourisation for alcohol fuels exacerbate the 
problem of ignition of those fuels. In these engines deliberate measures to increase the 
temperature of the charge at the point of fuel injection higher than for gasoil is a very 
important pre-requisite. 
Lubrication. 
In diesel engines operated on gasoil, the fuel injection equipment is lubricated by the 
fuel itself. Where ethanol is substituted for gasoil, a lubricant must be supplied with 
the fuel to provide lubrication of the injection pump and injector. As the nature of the 
fuel injection equipment necessitates the supply of the lubricant with the fuel, the 
lubricant chosen has to be miscible with the fuel. In the current research, a two per 
cent mixture by volume of castorene in ethanol was used. Similar measures were taken 
by Green et al (4) and Newnham (5) when running their engines on alcohol fuels. 
1.2 Methods employed to burn alcohols in diesel 
engines. 
The various differences in physical and chemical properties between alcohol fuels and 
gasoil, as described above, necessitate special measures to get alcohol fuels to burn in 
diesel engines. Of major importance among the fuel properties are the low cetane 
values of the alcohol fuels and consequently their high autoignition temperatures. The 
cetane values of methanol and ethanol for example are 3 and 8 respectively. These are 
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by far lower than that of gasoil which range from 40 to 50. Those values are also 
much lower than 30 -a value which is considered as the minimum cetane number for 
satisfactory engine performance. The low cetane value of alcohol fuels, together with 
their high autoignition temperatures necessitate changes in either the composition of the 
fuels or the configuration of the engine in order to get the fuels to burn satisfactorily in 
compression-ignition engines. 
Various techniques have been used by a number of researchers in an attempt to ignite 
and maintain combustion of alcohol fuels in diesel engines (4,5,6,7,8). Figure 1.1 
shows the different methods which have been used to date. As stipulated earlier on, all 
the techniques used fall into two categories: 1). Fuel management techniques in which 
the fuel is manipulated in various ways to improve its ignition characteristics. 2). 
Engine management techniques, in which the engine is modified to enable ignition of 
the low cetane alcohol fuels. Some of the prominent techniques are described below. 
1.2.1 Cetane number improvers. 
For gasoil, cetane number is controlled by the source of the crude, by the refining 
process and by additives that improve ignition. Substances that increase the tendency 
to knock in SI engines generally enhance ignition in CI engines. Ignition improving 
additives include organic peroxides, nitrates, nitrites and various sulphur compounds 
(2). Those which are most commonly used commercially are, the alkyl nitrates 
(isopropyl nitrate, primary amyl nitrates, primary hexyl nitrates, octyl nitrate). The 
important practical uses for additives are in upgrading the ignition characteristics of 
poorer quality gasoil and, in comparatively larger quantities of the additives, in 
enabling the use of alcohols in compression-ignition engines. Use of ignition 
improving additives in alcohol fuels has two advantages: firstly, they enable alcohol 
fuels to be used in the unmodified diesel engines; and secondly, they offer the 
possibility for total substitution of gasoil in diesel engines. An additive content of up to 
15% by volume would normally be required to enable ignition of alcohol fuels 
in CI 
engines. The current cost of these additives is, however, high enough to preclude or 
make their utilisation in this way uneconomical at present day's oil prices. 
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1.2.2 Emulsions and solutions. 
8 
Alcohols can be mixed with gasoil. They can also be suspended in gasoil in the form 
of minute droplets to make an emulsion. The two fuels, however, do tend to separate, 
and an alcohol/gasoil emulsion is fairly unstable. These mixtures and emulsions have 
been reported to burn satisfactorily in diesel engines, and substitution of up to 20% of 
alcohol by volume are possible. Higher levels of substitution are limited by severe loss 
of performance (46,47,48), 
1.2.3 Dual injection. 
Dual injection techniques comprise two separate injection systems, one for gasoil and 
the other for alcohol fuel. Combustion is started with a pilot injection of gasoil before a 
larger quantity of alcohol is injected through the main nozzle. The pilot injection acts as 
an ignition source for the alcohol fuel. Up to 95% (vol) substitution of gasoil has been 
reported by some researchers (9). This method, however, requires expensive engine 
modifications, which include complex fuel control and metering systems. To ensure 
satisfactory life, the alcohol fuel injection system will also require additives for 
lubrication. 
1.2.4 Fumigation. 
This is a technique whereby alcohol fuel is introduced into the engine with the intake 
air. This method requires less engine modification than with dual fuel injection 
systems and has been used by a number of researchers (4). Up to 50%(vol) 
substitution of gasoil is possible, with the level of substitution limited by the onset of 
detonation of the air-fuel mixture. Accurate control of the fuel flow has been reported 
necessary in order to prevent misfire at light loads and knocking at high loads (10). 
Since the air intake is reduced owing to the inclusion of alcohol fuel, the maximum 
power output is reduced below that for gasoil only. 
1.2.5 Surface ignition. 
Alcohol fuels have very low resistance to ignition on hot surfaces. While this can have 
undesirable effects in SI engines, such as pre-ignition and running on, surface ignition 
has been used by a number of researchers including Nagalingam et al (i i) to ignite 
alcohol fuels in diesel engines. The technique offers possibilities for complete 
substitution of gasoil with alcohol fuels. Research on this method has mainly used a 
glow plug as the heating source. The position of the fuel injector in this case is an 
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important factor. It has to be located ahead of the glow plug in the direction of swirl in 
order to prevent direct impingement of fuel droplets on the glow plug. Direct 
impingement of fuel droplets on the glow plug would lead to quenching of the glow 
plug, resulting in loss of ignition. 
1.2.6 Spark ignition. 
Positive ignition of alcohol fuels in a diesel engine can be enabled with the use of a 
spark plug. This has been reported to result in minimal ignition delay and achieves 
smooth combustion (5). Like surface ignition, this method offers the potential for 
complete substitution of gasoil with alcohol fuels. The alcohol fuelled diesel engine is 
not smoke limited and engine torque can be increased at low speeds. Advancing 
injection timing over that for gasoil operation has been reported by Johns et al (9) as 
necessary. This will allow adequate time for the vapourised fuel to form an ignitable 
fuel-air mixture before it reaches the spark plug. Newnham (5) used a conventional 
single spark automotive ignition system for part of his work in this area. This 
technique, however, tends to make the engine even more complex by requiring a 
complete spark-ignition system in addition to the fuel injection system of the diesel 
engine. 
1.2.7 Compression ignition of straight alcohols with the help 
of higher compression ratios and exhaust gas recirculation. 
This is an engine management procedure used to enable the ignition of a low cetane 
number alcohol fuel, as a single fuel in a diesel engine. By this technique, the 
compression ratio of the engine is increased above that for gasoil operation in order to 
increase the temperature ratio at the end of compression, and an exhaust gas 
recirculation system is introduced in order to increase the initial gas temperature. These 
measures tend to enable spontaneous ignition of alcohol fuels in a diesel engine. 
Like 
the techniques for spark-ignition and surface-ignition, this method offers the potential 
for complete substitution of gasoil with alcohol fuels. Unlike the other two methods, 
however, this technique offers the added advantage of not requiring inclusion of a 
separate ignition system on top of the fuel injection equipment. 
This simplifies the 
engine design, and as such is potentially attractive for use 
in less technologically 
developed countries - which is the focus of research 
described in this Thesis. 
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1.3 Aim of the investigation and scope of work 
The current research follows previous work by Newnham (5) and Wren (12). 
Newnham converted a standard single-cylinder NA/DI Petter PHI diesel engine to run 
on alcohol fuels with spark-assistance. Although the conversion was largely 
successful, he noted that it was difficult to achieve smooth running of the engine on 
alcohol at the original full power and speed specification. This was in spite of 
changing the original fuel pump to one which was capable of larger volume deliveries. 
Hikino et at (13) working on an automotive methanol fuelled autoignition engine also 
observed that with spark-assistance it was difficult to achieve a good combustion 
especially at light loads. They attributed this to the fuel distribution and the single 
ignition point at the spark plug. 
Wren (12) followed the work of Newnham and attempted to run the same engine on 
alcohol without spark assistance. The compression ratio of the engine was increased 
from 15.8: 1 to 23: 1, and a system for exhaust gas recirculation was installed. These 
modifications were aimed at raising the in-cylinder temperature at the point of alcohol 
injection so as to promote spontaneous ignition of the fuel. He found that the modified 
engine could run on ethanol without spark-assistance, but its performance was limited 
by high cylinder head metal temperatures. Cylinder head metal temperatures in excess 
of 3500C were recorded and the engine would not run without spark-assistance below 
cylinder head metal temperature of 2300C. This seems to suggest that ignition of the 
fuel was actually induced by surface-ignition through a hot spot. Because of the poor 
heat dissipation characteristics of an air-cooled cast iron head, hot spots would have 
developed in the vicinity of the exhaust valve, particularly the bridge between the 
valves and valve head edges. 
Following the work described above, this research proposed to investigate further, the 
conditions that promote autoignition of ethanol as a single fuel in a diesel engine 
without spark-assistance. Only a few workers have investigated this area. One 
possible reason for this is the lack of motivation for application of the obviously low 
cetane number fuels for diesel engines. The current procedure for cetane rating as 
applied to non-hydrocarbon fuels has, however, been questioned by those who 
researched their use in conventional diesel engines. Experiments by Hardenberg et 
al (3) for example, have led them to conclude that the current cetane rating procedure 
does not give cetane numbers that are representative of the ignition characteristics of 
alcohol fuels in a practical diesel engine. A comprehensive discussion of the literature 
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is done in the next chapter where the concentration of literature on methods other than 
compression-ignition of alcohols in diesel engines is shown. 
In this research, the same approach taken by Wren in investigating the problem of 
initiating ignition of alcohol fuels by compression in diesel engines was adopted, but 
various compression ratios were investigated. The exhaust recirculation system used 
by Wren was found inadequate and a new scheme was devised. and used. The cylinder 
head metal temperature was closely monitored. This temperature was considered to 
offer an indication for the occurrence of surface ignition as opposed to compression- 
ignition of the fuel. Engine operation was also limited to a cylinder head metal 
temperature of 350 °C - which was established by Newnham (5) as the metallurgical 
limit for safe engine operation. Observed cylinder head metal temperatures as low as 
100 °C confirmed compression-ignition of ethanol in the engine. Unlike with work by 
Wren, engine running on ethanol was not limited to cylinder head metal temperature of 
above 230 °C only. 
Combustion pressure with ethanol fuelling was monitored, and this was limited to 
values that were not significantly different from gasoil operation in order not to damage 
the engine. Generally, the peak cylinder pressure was observed to be higher than with 
gasoil operation. 
In Chapter 3, the experimental technique and equipment used in this investigation is 
described. Also discussed in the same chapter is the computerised data acquisition 
system used for acquiring cylinder pressure data. The actual performance of the 
standard engine is described in chapter 5 where a discussion of the variation of this to 
the standard specification by the manufacturer is made. 
The effects of fitting pistons that gave compression ratios higher than the standard 
16.5: 1 on gasoil is given in Chapter 6. This chapter reveals apparent loss of 
performance of the engine at higher compression ratios on gasoil, and an explanation 
for the possible reasons for this observation is made. 
A detailed discussion of the effect of exhaust gas recirculation (EGR) on the engine 
performance on gasoil for the standard engine and at higher compression ratios is given 
in chapter 7. The primary requirement for an EGR system in this investigation was 
to increase the initial temperature of the air charge. It is shown, however, that apart 
from the temperature effect, the variation of species concentration in the intake charge 
caused by EGR has a measurable effect on engine performance. 
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Only limited combustion analysis was carried out during this research. This was done 
by using codes developed in-house. The codes, however, were written for spark- 
assistance operation and, therefore, required fairly extensive modifications to be used 
in the case of compression-ignition of ethanol. Time limitation for this investigation 
meant that a full combustion analysis was not possible. In Chapter 8, the conditions 
enabling compression ignition of ethanol are explained. The performance of the engine 
on ethanol together with results of limited combustion analyses are discussed. 
The area of substitution of gasoil with alcohol fuels for small stationary diesel engine 
has obviously not been merited with extensive research. This is probably because of 
the lack of financial incentives as are available for automotive applications. 
Investigation of the use of alcohol fuels for small stationary engines for developing 
countries is even more unattractive through lack of financial incentives, the need to 
reduce the first cost and the need for simplification of the engine to match the 
technological capabilities of those communities. By researching this area, this study 
sought to make a contribution to possibilities for utilisation of indigenous low cetane 
fuels, specifically alcohols in small stationary diesel engines used in the rural areas of 
developing countries. 
Availability of fuel for these engines is very important for the development of the 
communities. Developing countries, however, can ill afford the oil bill as the demand 
for petroleum fuels increase. This increase in demand for oil will be necessary 
considering the rapid growth of the population in those countries and if one was to 
expect any significant improvement in the living standard of the the greater majority of 
the population. It is imperative therefore that research is directed to the issues of 
energy supply in those areas. 
This research made the small diesel engine the subject of investigation because of its 
wide spread use for small scale power in rural communities and because of its high 
efficiency and durability compared to the spark-ignition engine. Combined with the 
elimination of particulates in the exhaust products when using alcohols, this form of 
prime mover offers an environmentally favourable power plant using biologically- 
sustainable resources. 
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Chapter 2 
Literature Review 
A lot of research has been done on the subject of substitution of alcohol fuels for 
petroleum products. Most of that work has been devoted to methanol in automotive 
applications. Consequently there is comparatively little published literature in the area 
of substitution of fuel alcohol for gasoil in small stationary diesel engines. Methanol 
and automotive application are considered respectively, as the most attractive fuel, and 
the most attractive application for developed countries. This study however deals with 
the application of ethanol in small stationary diesel engines. Ethanol is considered the 
most attractive fuel for developing countries, while stationary applications seem to have 
more scope for the vast majority of the rural populations in facilitating basic tasks as 
grain milling, water lifting and for provision of small scale power generation. Ethanol 
can be produced by relatively simple fermentation and distillation processes and so is 
more suited to rural applications in developing countries with the capacity to grow 
biomass. 
Among published literature, where substitution of alcohol for gasoil has been 
attempted, the techniques used have almost always been based on the provision of 
positive ignition of the fuel by a spark or by surface ignition through a hot spot such as 
a heater plug. Some researchers approached the substitution problem by modifying the 
fuel to enable it to ignite spontaneously as gasoil by the use of cetane improving 
additives. The author has come across only a few works (4,13,37) that attempted to 
ignite alcohol fuels in a diesel engine without either providing a positive means of 
ignition or modifying the fuel to attain 1. cetane rating comparable to that of commercial 
gasoil. 
2.1 Review of previous work. 
The problem of igniting low cetane number alcohol fuels as cited by Johns et at (10) 
remains the main stumbling block to a successful programme for utilisation of alcohol 
fuels on a wide scale. Literature suggests that central to the successful operation of 
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diesel engines on alcohol fuels is the issue of the reduction of the long ignition delay 
period associated with these fuels to times comparable with those for good quality 
automotive gasoil (AGO). A number of techniques for the reduction of ignition delay 
have been and are still being researched by various workers and these include (Figure 
1.1): 
" cetane improving additives 
" diesel-alcohol solutions and emulsions 
" dual injection 
" fumigation 
" surface-ignition 
" spark-assistance. 
Addition of ignition-improving additives increases the cetane number of the alcohol fuel 
to a level that will insure spontaneous ignition of the fuel by compression. While this 
technique eliminates the cost and complexity of changes to the engine components, the 
quantity of ignition improvers required (10 to 20 per cent) and their cost prohibit their 
use. Certainly, use of additives for small stationary engines for rural application in 
developing countries as envisaged in this research does not seem feasible. 
The work by Lyford-Pike et al (14) offers an example of the use of additives to 
modify the fuel so that it attains about the same cetane number as that of gasoil. They 
developed a 14 litre six cylinder diesel engine to run on an ignition-improved ethanol. 
The aim was to develop an engine that would burn ethanol with similar fuel economy, 
reliability and durability as the diesel engine in similar application. 
Hydrated ethanol (95% v/v) was used together with additives for ignition 
improvement, lubrication and protection against corrosion. The composition of the fuel 
was developed by Mercedes-Benz with the following additives: 
" Alicolita (4.5% v/v). This is a Tri Ethyl Glycol Di - Nitrate (TEGN) based additive, 
it promotes self - ignition in ethanol and mixes with hydrated ethanol 
" Castor oil (1 % v/v) - used to improve lubrication properties of ethanol 
" Max lub 8027 (0.025% v/v) - used for protection against corrosion. 
The engine itself was modified by changing to an optimum compression ratio, 
inclusion of a turbocharger, change of injectors, injection timing and duration and 
calibration of the fuel pump. The overall result of this was to attain high in-cylinder 
temperatures and pressures necessary t'_ promote self-ignition and to sustain 
combustion. 
Chapter 2. Literature review. 15 
A number of compression ratios were tested to evaluate its effect on ignition delay for 
ignition improved ethanol. An overall decrease of 5 degrees CA in ignition delay was 
observed with increase in compression ratio from 15.8: 1 to 16.5: 1. This was 
accompanied with an increase in peak cycle pressure. The final engine attained a peak 
cycle pressure of 114 bar and achieved the same power output as the corresponding 
diesel version. At rated conditions the brake thermal efficiency of the alcohol engine 
was 38% and better than that of the corresponding diesel engine. The opposite was 
true at part load conditions. 
Hodgson (15) tested a Perkins based DI naturally aspirated 4 cylinder diesel engine 
running on ignition improved ethanol and methanol at a compression ratio of 16: 1 - 
which was the same as that for the baseline engine. The fuel pump and injectors were 
changed to allow for expected larger fuel deliveries with alcohol fuels. Higher brake 
thermal efficiency was reported when running on ignition improved ethanol than with 
gasoil on the corresponding standard engine. 
Nagalingam et al (11) developed a single-cylinder diesel engine burning alcohol 
fuels with ignition assisted by a hot surface. Work was inspired by the desire to 
exploit the advantage of the diesel engine in terms of thermal efficiency and superior 
fuel economy at part load conditions and also, by the need to avoid use of auxiliary 
fuels as in dual fuelling methods. 
Alcohols have a high tendency to ignite when in contact with hot surfaces, a property 
used by Nagalingam and his group to develop the originally 3.7 kW (5 hp) 
compression-ignition engine to burn alcohol fuels only. The engine was modified by 
inclusion of a plug that incorporated a heated surface. This change resulted in the 
ability to run the engine at a compression ratio of 8.8: 1 or 14.7: 1. The original engine 
compression ratio was 16.5: 1. 
Performance tests were conducted at engine speeds of 1000,1500 and 2000 rev/min. 
The injection timing was kept constant at 31°BTDC (static setting). At the compression 
ratio of 8.8: 1 and engine speed of 1500 rev/min, brake thermal efficiency curves for 
ethanol and methanol were found to be essentially the same. Brake thermal efficiency 
curves for methanol, ethanol and petrol at a compression ratio of 14.7: 1 and engine 
speed of 1000 rev/min were compared. Engine efficiency when running on petrol was 
found to be marginally better than that on methanol or ethanol. The engine was also 
run as a conventional compress- on-igrit''Tn engine on gasoil at a compression ratio of 
14.7: 1 i. e. without use of the hot surface ignition. The brake thermal efficiency of the 
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engine running in this mode was comparable to that on methanol at both 1000 and 1500 
rev/min. The maximum brake thermal efficiency recorded was 23 per cent. 
Nagalingam et al like Green (4), Newnham (5) and Johns (16) observed that it 
was possible to run the engine without ignition assistance at high load and speed 
conditions and especially after a period of running with ignition assistance. 
Nagalingam and his group also reported a slight increase in ignition delay when 
operating without ignition assistance with the heating plug. 
Hilger et al (7) reported results of research on a methanol fuelled DI diesel engine 
with high compression ratio and electronically controlled hot-surface ignition. With 
hot-surface ignition, a high compression ratio was stipulated as a pre-condition for a 
good cold start behaviour and low emissions during the warm-up phase of the engine. 
To allow for higher volumetric flows necessary for methanol fuelling, the injection 
system was modified by increasing the diameters of the injection pump plunger, 
injection lines and nozzle holes - resulting in sufficiently high injection quantities and 
shorter injection durations. Fuel consumption comparable to the baseline engine was 
reported. HC emission level was largely the same, but NOX levels were significantly 
below the gasoil values. A further benefit and a significant advantage of the methanol 
engine was its soot free combustion resulting in lower particulate emission levels 
similar to those of SI engines. 
The work by Kapus and Zelenka (17) on the development and dynamic 
optimisation of a glow plug assisted methanol engine offers another example of use of 
glow plug ignition for an alcohol fuelled diesel. They reported experimental results 
showing emission levels attained by the methanol engine complying with the Austrian 
legislative requirements and also high fuel economy. They also showed that nozzle 
configuration (symmetrical/asymmetrical) affected engine performance in terms of 
brake specific fuel consumption and emissions. The 4 hole asymmetrical nozzle 
showed a slightly better performance than the corresponding 4 hole symmetrical 
nozzle. 
The effects of charge quenching resulting from the high enthalpy of evaporation of 
methanol was countered by installation of an EGR system. This improved NOX 
emission and fuel consumption at part load. At full load, they observed a decrease in 
ignition delay accompanied by a relatively faster combustion. They cited this 
phenomenon as being an indication of the on-set of compression-ignition of methanol 
without the assistance of glow plugs. Engine compression ratio was 15: 1. Increase of 
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compression ratio improved the bsfc and HC and CO emissions over the entire load 
range, but the peak combustion pressure was increased especially at low loads. 
Optimisation of injection timing was reported to have a significant effect on the 
reduction of HC and CO emissions and improved fuel consumption. NOX was 
controlled by EGR. 
Kapus et al planned to run their methanol fuelled diesel engine at a higher compression 
ratio of 24: 1 with a hot piston surface obtained by using an insulated combustion bowl 
insert. The benefit to be gained was the possible improvement in the fuel economy by 
eliminating the glow plug energy as well as achieving a longer life for the glow plug as 
it was going to be used only for starting and for the short subsequent warm-up phase. 
Results from initial tests on this method were reported encouraging. 
Newnham (5) converted a standard single cylinder, naturally aspirated DI diesel 
engine to run on alcohol fuels with spark-assistance. He evaluated the effect of 
injection and ignition timings on the overall performance of the engine. He also studied 
the burning rates of the fuel-air mixture over a range of injection and ignition timings. 
One observation Newnham made was that it was difficult to achieve smooth running of 
the engine on alcohol at the original full power and speed specification. This was the 
case even when the original fuel pump was changed to one which was capable of larger 
volume deliveries. This observation seems to contradict the opinion held by other 
researchers like Ecklund (18) who suggests that "no changes in engine operability 
should be noticeable with spark ignited diesels using alcohol fuel relative to the same 
engines using diesel fuel". Although Newnham substituted the standard fuel pump 
with one capable of larger volumetric deliveries, he made no changes to the injector. 
The diameter 0.26 mm orifice, three (3) hole nozzle used for alcohol experiments was 
the same as that used for gasoil. This might have restricted fuel deliveries to levels that 
would not allow the engine to achieve the rated power output. 
Since smooth operation of the engine at rated full power and speed on alcohol was not 
possible, Newnham conducted performance tests at a lower engine speed of 1800 
rev/min instead of the full speed of 2200 rev/min. Values for brake specific fuel 
consumption obtained fiom performance tests with alcohol fuels were converted to 
gasoil equivalent on an energy basis to facilitate direct comparison with performance on 
diesel fuel. Tests on the modified engine on gasoil at 1500 rev/min gave minimum 
brake specific fuel consumption of 288 g/kWh. Minimum brake specific fuel 
consumption for ethanol was recorded at injection/ignition timing of 50/22 
°BTDC at a 
value of 263 g/kWh gasoil energy equivalent, while the minimum brake specific 
fuel 
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consumption on gasoil in the unmodified engine was 266 g/kWh. The loss of 
performance of the modified engine on gasoil here may be attributed to the reduction of 
compression ratio from 16.5 to 15.8 which was made necessary in order to 
accommodate the spark plug. Compared with standard engine performance at full load 
and 1500 rev/min, the alcohol fuelled spark-assisted diesel engine performed slightly 
better than the standard engine. This result demonstrated the viability of the method of 
spark assistance for the application alcohol fuels in diesel engines. 
Newnham also described the mode of combustion for the engine when operating with 
spark-assistance on alcohol fuels over a range of injection and ignition timings. He 
deduced that at advanced injection timings, and sufficiently long mixing time (ie time 
duration between injection and ignition) the charge becomes more homogeneous and 
the flame is able to grow spherically from the electrode gap. The rate of burning being 
low because of the leanness of the mixture. This is similar to combustion in a 
conventional spark-ignition engine. At late injection timings and short mixing times the 
charge was still stratified near the injector and ignition took place in a fuel rich region. 
Newnham observed that, the charge in this case burnt faster and combustion was more 
like that of a compression-ignition engine. It is not presumed that, at the late injection 
timing settings, Newnham was actually seeing compression-ignition of the alcohol 
fuels, largely because the compression ratio of 15.8 he operated on was fairly low and 
there was no deliberate means to pre-heat the induced air. The fact that combustion 
was akin to that of compression-ignition seems to provoke curiosity as to whether it 
could have been effected without the spark plug. 
The work of Takizawa et al (19) of Isuzu Motors of Japan centered on two DI 
naturally aspirated methanol fuelled spark-assisted diesel engines for city buses in 
Japan. These were four and six cylinder engines. While Newnham did not report on 
emissions, Takizawa reported reduction of NOX to almost half of those obtained with 
gasoil as a result of optimisation work. Like Newnham, Takizawa observed 
deterioration of performance in terms of fuel economy especially at part load. 
Endurance tests revealed a number of component problems like corrosion of the spark 
plug electrodes resulting in the widening of the spark plug gap, wear of valves, 
decrease of nozzle opening pressure and fuel leakage at the delivery. The problem of 
fuel leakage in the injector was also reported by Newnham. Work by Takizawa was 
based on an asymmetric 6-he! e injection nozzle of orifice 00.33 mm for the 4 cylinder 
engine and 00.36 mm for the 6 cylinder engine. Both orifice sizes were slightly 
larger 
than for the corresponding nozzles used for gasoil operation ( 00.30 mm and 00.34 
mm respectively). The same applied for the fuel pump plunger diameters - 
10 mm and 
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12 mm respectively, which were slightly larger than for gasoil operation (9 mm and 
11.5 mm for the 4- and 6-cylinder engine respectively). Takizawa made no mention of 
the possibility of running without spark-assistance by switching off the power supply 
to the spark plug. 
The problem of low load combustion performance of the spark-assisted methanol 
fuelled diesel engines pointed out by Takizawa et al was the subject of research by 
Takada et al (20) of Nissan Diesel Corporation of Japan. Improvement of low load 
performance was reported by Takada resulting from optimisation of the multi-hole 
spray pattern with respect to two spark plugs installed in each cylinder; and by 
increasing the spark-ignition energy at low loads. Exhaust gas recirculation (EGR) 
was used at low loads, and this improved fuel consumption further and reduced NOX 
emission with EGR rates below 60%. 
Wren (12) followed the work of Newnham and attempted to run the same engine on 
alcohol without spark assistance. The compression ratio of the engine was increased 
from 15.8: 1 to 23: 1, and a system for exhaust gas recirculation was installed. These 
modifications were aimed at r"__sing the in-cylinder temperature and pressure at the 
point of alcoiýý 4 injection so as tc,, promote spontaneous ignition of the fuel. He found 
that the modified engine cot 1d run on ethanol without spark-assistance, but its 
performance was limited by high cylinder head metal temperatures. Cylinder head 
metal temperature in excess of 350 °C was recorded and the engine would not run 
without spark-assistance below cylinder head metal temperature of 230 °C. This 
observation suggested that ignition of the fuel was induced by hot-surface ignition. 
Because of the poor heat dissipation characteristics of the cast iron cylinder head, hot 
spots could develop in the vicinity of the exhaust valve, particularly the bridge between 
the valves and at the valve head edges. Wren reasoned that the high cylinder head 
metal temperatures observed were caused by the poor heat transfer characteristics of the 
cast iron cyllr. der head. No mention was made concerning the limitation of engine 
operation without spark assistance to c, ylinder head metal temperature above 230 °C - 
although this would suggest ignition through a hot spot rather than compression- 
ignition of the alcohol fuel. 
The work by Green and Chen (4) offers another example of an attempt to run a 
diesel engine on alcohol fuels without the provision of a positive source of 
ignition. 
They developed a system for running a research single-cylinder, NA/DI diesel engine 
on alcohol fuels consisting of alcohol fumigation of intake air into a mixture 
beyond its 
lower limit of flammability, coupled by alcohol injection into the combustion chamber 
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in the conventional manner. Inlet manifold temperature control of the fumigated 
mixture was necessary to ensure satisfactory combustion over the range of engine 
operating conditions. 
Initial work by Green was directed at running a diesel engine on alcohol fuels with the 
assistance of manifold heating. He subsequently found out that it was possible to 
obtain satisfactory engine performance without manifold heating using a low level of 
methanol/ethanol fumigation. Commercial grade methanol and ethanol were used both 
containing approximately 2. %(voi) water to which 2. %(vol) castor oil was added to 
provide adequate lubrication to the fuel pump and injector. Engine tests were 
conducted at a compression ratio of 20: 1 and an injection timing of 30 °BTDC. 
A significant reduction in brake thermal efficiency was observed with operation on 
ethanol and methanol as compared to gasoil at an engine speed of 2000 rev/min. With 
gasoil at 2000 rev/min, a peak brake thermal efficiency of approximately 29% was 
observed. This fell to about 20% whei operating on ethanol with maximum 
fumigation. Minimum fumigation exhibited an even lower maximum brake thermal 
efficiency value of approximately 15%. About the same peak brake thermal efficiency 
was observed at 1500 rev/min with minimum fumigation but a higher value of 25% 
was observed at 1000 rev/mir.. 
Heating of the intake charge for optimum engine operation on alcohol fuels was limited 
to the range 20 - 60 °C , with the 
higher temperatures in the range required only at 
lower loads and engine speeds. Optimum engine operation was found to be at the 
higher fumigation levels, as these showed higher brake thermal efficiencies, and also 
required lower intake mixture temperature which would lead to better volumetric 
efficiency of the engine. This phenomenon, however, would tend to preclude any 
attempts to eliminate fuel fumigation in an effort to avoid the requirement for two 
fuelling systems. 
Operation on methanol showed fairly similar results as operation on ethanol. Of 
significance is the fact that alcohol operation was generally less efficient than gasoil 
operation, and that efficiency fell further with decreasing level of fumigation. 
Autoignition of methanol was observed at the upper load range at an engine speed of 
2000 rev/min. For optimum brake thermal efficiency, the inlet air temperature was 
raised to above 50 °C (-"-3 K). This experimental observation seems to agree with 
what would have been anticipated for autoignition of alcohol fuels through their higher 
spontaneous ignition temperatures. The test compression ratio of 20: 1 would yield a 
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gas temperature of 794 K at the end of compression assuming adiabatic compression 
from an initial gas temperature of 323 K and initial pressure of 1.013 x 105 Pa (1 atm). 
This is lower than the temperature cited by Griffiths et al (23) of 850 K as necessary 
for autoignition of methanol in a constant volume combustion chamber. Siebers et al 
(37) quotes an in-cylinder temperature of about 1100 K at the time of fuel injection as 
necessary for autoignition of r -. ethanol or ethanol with an ignition delay and rate-of- 
pressure-rise suitable for currer, diesel engine designs. The need to heat the intake air 
to above 50 °C (323 K) to enable spontaneous ignition of methanol at high loads as 
observed by Green et al is therefore in agreement with experimental results obtained by 
other workers (23,37). 
The work by Green and Chen set out to show that it is possible to have a single fuel 
engine, burning alcohol fuel under compression-ignition. Fairly low intake air heating 
was necessary and this was limited to give a final temperature of about 60 °C only. 
What Green and Chen did not achieve, was to manage without two separate fuelling 
systems - an injection and a carburation system. Although combustion pressure 
analysis was carried out in the earlier stages of their programme, no values of these 
were given and no mention was made as to whether they were higher or lower than 
with operation on gasoil. 
Stimulated by anticipated strict emission legislation on urban buses for the years 1991 
and 1994, Detroit Diesel embarked on research and development of a methanol fuelled 
compression-ignition two-stroke diesel engine for urban buses (21). This was to be a 
different version of the then 6V-92 engine used in the buses. Compression ratio was 
raised to 23: 1; glow plugs fitted, and air flow reduced during scavenging. Reduced air 
flow results in a higher retention of residual gases which consequently leads to higher 
in-cylinder temperature - effectively, an internal EGR system. This together with the 
higher compression ratio enabled auto-ignition of methanol in the engine. Engine 
development showed that a higher retention of exhaust gases was necessary at lighter 
loads in order to increase in-cylinder gas temperature. This was seemingly caused by 
low compression gas temperatures at low loads as was also suggested by Hikino et 
al (13). 
The two-stroke cycle engine was : onsidered by DDC as having inherent design 
advantages enabling it to oN ercorne the difficulty of igniting neat methanol 
by 
compression (8). Conceptually, the a proach taken by DDC 
is similar to that adopted 
for this research, but applied t:, a two-stroke cycle, multi-cylinder engine. 
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In the year 1991, DDC completed its development programme for the methanol fuelled 
compression-ignition two-stroke cycle bus engine. Testing and certification to full 
EPA standards were completed in that year (8). Features unique to the methanol engine 
included: 
" higher compression ratio 
" high flow injectors 
" glow plugs used for starting and to assist combustion during warm-up. 
Under steady state rated operating conditions the overall brake thermal efficiency of the 
methanol engine was nearly equal to That of the corresponding gasoil engine. The 
power and torque curves were the same as for the gasoil engine. Further 
improvements in brake thermal efficiency and fuel consumption were reported possible 
through more advanced injection timing, air system matching and use of ceramic 
combustion chamber components for improved heat retention in the cylinder. 
In its final form, the methanol engine use; 23: 1 compression ratio instead of the earlier 
19: 1. The CR 19: 1 configuration relied : pore heavily on glow plug ignition for light 
load combustion. Fuel for the methanol engine has been specified as M85 or M 100 
which consist of 85% (mass) and 100% (mass) of methanol respectively. Water 
content is limited to 0.3%(vol) and Lubrizol, fuel additive used to facilitate lubrication 
of injection equipment is mixed at 0.06%(vol). 
Of a more fundamental nature is the work by Griffiths et at (23), who studied the 
combustion of methanol in air following compression in a rapid compression machine 
(CR 11.6: 1) and the effect of small proportions of di-t-butyl peroxide on combustion 
performance of he fuel. Di-t-butyl peroxide is an organic peroxide that is known to 
enhance ignition in hycurocarbor. fuels. In the : -apid compression machine, ignition of 
the fuel took place in pre-mixed gaseous reactants inducted into the combustion 
chamber before compression. Since the piston came to rest at the end of compression, 
ignition took place in a constant volume. Compressed gas temperature was varied 
between 650 and 900 K-a rang. - that was believed to be the temperature range reached 
by inducted charge under compression at the initial point of fuel injection in a diesel 
engine. 
At an equivalence ratio of 0.75, it was shown that the lowest compressed gas 
temperature at which ignition of neat ! -., ethanol 
in air was accomplished was 825 K. 
The corresponding ignition '.., ay was in the range 20 - 30 ms. This delay period 
decreased as the compressed gas temperature was increased, and was below 2 ms at a 
Ia detergent-type fuel additive developed by Lubrizol Corporation (USA). It was successfully used to 
keep the injector tip of the methanol engine clean. Neither the composition nor the specific product 
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compressed gas temperature of 880 K. Addition of small amounts of di-t-butyl 
peroxide enhanced the ignition performance of methanol. Lower proportions of the 
peroxide were required to enable ignition of methanol as the compressed gas 
temperature was increased. Methanol ignited at a compressed gas temperature of 700 
K when the peroxide content in the fuel exceeded 5% (vol). A higher than 10 per cent 
(by volume) of di-t-butyl peroxide in the fuel enabled methanol to ignite at the lower 
compressed gas temperature of 655 K. Griffiths et al theorised that the contribution of 
the peroxide as an ignition improver was purely thermal in kind. The ignition of 
methanol with only a short delay was induced by the increase of gas temperature 
brought about at the end of compression by decomposition and oxidation of the 
peroxide. 
Diesel engine conditions were better simulated in the work of Siebers and Edwards 
(37), who studied the ignition characteristics of methanol and ethanol under simulated 
diesel engine conditions in a constant-volume combustion vessel. To simulate the 
thermodynamic conditions near TDC in the cylinder of a diesel engine, a gaseous pre- 
mixed charge of fuel, oxidiser and diluent was inducted into an evacuated combustion 
chamber, ignited by spark and burned. A liquid fuel was then injected into the high- 
temperature, high-pressure products of combustion of the pre-mixed charge after 
allowing these products to cool to some pre-determined temperature by heat transfer to 
the combustion walls. The simulation procedure was able to generate gas temperatures 
in the range of 600 K to 1600 K. It was also able to heat the cylinder gas to a high 
temperature independent of the wall temperature - an important aspect that enabled the 
chamber wall temperature to be maintained at a temperature typical of a diesel engine 
cylinder wall. 
The work by Siebers et al showed the following results: 
" the minimum chamber temperature at the start of injection for which ethanol and 
methanol would auto-ignite was 950 K. To achieve ignition delays comparable with 
those for current diesel fuels in con` entional diesel engines, however, methanol and 
ethanol required in-cylinder temperatures of approximately 1100 K. Between 950 K 
and 1100 K the ignition delay., of alcu, hol fuels was observed to be strongly dependent 
on temperature. 
"a temperature of 1100 K was required , -) produce 
ignition delays sufficiently short so 
that the rate of pressure rise during pre- mixed combustion was not excessive. 
" ignition delays of a1cc'_: ol fuels shcýv,. ed no significant dependence on pressure at any 
temperature. 
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" the ignition delay of alcohol fuels was not affected by addition of up to 10% (vol) of 
water. 
In view of the above observations, Siebers et al concluded that it was not likely that an 
alcohol fuelled diesel engine would be built without aids for cold starting (e. g. spark- 
plugs or glow plugs). Operation on alcohol fuels at all load conditions once the engine 
was warmed up was considered conceivable. An engine compression ratio of 
approximately 20: 1 was considered necessary with the exact compression ratio 
depending on the amount of ignition improver used or the level of intake air pre-heating 
achieved. 
Work by a number of researchers including Siebers et al and Hardenberg et al (3) 
leads to questioning the validity of the current cetane rating procedure as applied to 
non-hydrocarbon fuels. Johns et al (10) in presenting work on the application of 
alcohol fuels for diesel engines raises the same issues. Hardenberg et al advocate that 
the current cetane rating procedure does not accurately measure the cetane number of 
non-hydrocarbon fuels. In other words, the method does not give cetane numbers that 
are representative of the ignition characteristics of the fuels in a production diesel 
engine. Hardenberg and his group experimented with ignition improved ethanol at 
various concentrations of the ignition improver. They determined the equivalent cetane 
number of their fuels by measuring the ignition delay period when running a 
production DI diesel engine (97 mm bore x 128 mm stroke). Comparison between 
cetane numbers so obtained, and those returned by the conventional cetane rating 
method showed that the cetane numbers returned by the conventional method were far 
below their ignition-delay-derived values, using the production engine. Like other 
researchers, they indicated a need for the development and standardisation of a new or 
modified cetane rating procedure that can be applied to the whole range of mono- and 
multi-component fuels for diesel engines. These would include alcohols and their 
derivatives, vegetable oils and synthetic fuels. The method would, therefore, provide 
cetane numbers that are in every aspect representative of the characteristics of the fuel in 
a practical, off-the-shelf diesel engine. 
2.2 Summary of Literature review. 
Published literature on . he use of -Icohols as fuel in small (<15 kW) stationary 
compression-ignition engines is very limited. The bulk of literature dwells on 
methods of providing positive ignition when using alcohol in the comparatively larger 
automotive diesel engines. The range of methods employed in this case include spark- 
ignition, hot-surface ignition and high cetane fuel pilot injection. Methods that made 
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use of compression-ignition concentrated in modification of the fuel alcohol by 
inclusion of ignition promoter additives or by emulsification with high cetane fuels. 
Solutions of high Getane fuels with alcohol have also been used. Only a few 
researchers have tackled the the issue of using unmodified alcohol as a single fuel in a 
compression-ignition engine, without ignition promoter additives (13,4). A large 
contribution on this has been made by the Detroit Diesel Corporation of the USA 
through their development programme for a methanol fuelled Cl two-stroke cycle bus 
engine. 
It is widely recognised that the combustion characteristics of alcohol fuels are markedly 
different from those of gasoil. This is because of the different physical and chemical 
properties of alcohols from gasoil. Ethanol for example, has less energy content per 
unit volume, a much higher enthalpy of vapourisation and a much higher auto-ignition 
temperature than a typical gasoil (Appendix 1). Consequently, significantly higher 
in-cylinder gas temperatures must be maintained in order to enable compression- 
ignition of ethanol, and to sustain an efficient combustion comparable to that of gasoil. 
Since alcohol fuels cannot be made to ignite in conventional diesel engines without 
modification of either the fuel or the e. -. lgire, a number of researchers have used various 
methods to enable the ignition and combustion of these fuels in diesel engines. The 
various techniques used can be summarised as: 
" fuel management procedures, and 
" engine management procedures. 
In fuel management procedures, the low cetane alcohol fuel is modified either by 
blending with cetane improving additives or by alcohol-gasoil emulsions or solutions in 
order to enhance the ignition properties of the fuel. 
Engine management procedures modify the engine so as to enable ignition and 
combustion of alcohol fuels in diesel engines. 
A number of researchers working on various methods of igniting and sustaining 
combustion of alcohol fuels in diesel engines have reported observing compression- 
ignition of straight alcohol fuels at higher speed and load conditions (4,11,17,19). 
This observation laid the basis for further work by various researchers 
like Hikino et 
al (13) to researc i on the concept of autoignition of alcohol 
fuels in diesel engines. 
The work by Hikino et al showed an improved combustion performance of ethanol 
in a 
diesel engine by applying compression-ignition than with spark-assisted 
ignition of the 
same fuel. This improvement was at: ributed to the multi-point 
ignition of ethanol by 
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compression-ignition as opposed to the single point ignition at the spark plug with the 
spark-assisted diesel. 
A fundamental study on the ignition and combustion of methanol in conditions 
comparable to those in a diesel engine was carried out by Griffiths et at (23). This 
study indicated that methanol can be made to ignite spontaneously after compression at 
a gas temperature of 850 K without the help of additives. Addition of small amounts of 
additives (Di-t-butyl peroxide) to methanol tended to reduce the temperature at which 
spontaneous ignition of methane was achieved. 
An extensive study on the ignition characteristics of methanol and ethanol under 
simulated diesel engine conditions in a constant-volume vessel was carried out by 
Siebers et at (37). They showed that to obtain ignition delays and rates of pressure 
rise suitable for current diesel engines, methanol and ethanol would require in-cylinder 
temperatures of about 1100 K at the time of fuel injection. The results of their 
experiments also showed that the ignition delays of alcohol fuels were independent of 
the chamber pressure, and were unaffected by the addition of 10% by volume of water 
in the fuel. 
Apart from the fundamental studies of Griffiths et al and Siebers et al, the concept of 
auto-ignition of alcohol fuels in a practical diesel engine has been extensively 
researched by Detroit Diesel Corporation of USA over the last decade. At present, a 
methanol fuelled CI two-stroke cycle bus engine has been certified to EPA standards. 
Current work is on the extension of the methanol concept to the use of ethanol in the 
same type of engine. 
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Chapter 3 
Experimental Technique 
3.1 Engine test bed and Instrumentation. 
The test engine was a single cylinder air cooled , 
direct - injection Petter PH 1 diesel 
engine. The engine is typical of those used throughout the world (including developing 
countries) for small scale power generation, grain milling, on construction sites and for 
pumping duties. Its rugged construction in cast iron with forged steel crankshaft and 
connecting rod, replaceable shell bearings and aluminium piston makes it an ideal 
research engine. Air cooling enables relatively easy access for temperature and 
pressure measurements in the cylinder. Power may be taken off either end of the 
crankshaft or at half speed off the camshaft. Table 3.1 gives the original 
specifications of the standard engine on gasoil. 
Table 3.1 Standard engine specification. 
Engine Petter PHI 
B ore [mm] 87.3 
Stroke [mm] 110 
Swept volume [ cm3] 659 
Compression ratio (in original form) 16.5: 1 
Speed range [rev/min] 1000 - 2200 
Continuous rating -(gasoil at 2200 rev/min. ): 
power [kW] 6.7 
torque [Nm] 29.1 
bsfc [k /kWh] 0.292 
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Figure 3.1 shows diagrammatically the Layout of the test bed, and Figure 3.2 
shows the general view of the test bed. A few modifications were made on the engine 
to convert it to burn ethanol, and these comprised: 
" modification of the standard piston to take a combustion chamber that yielded a 
higher compression ratio, 
" fabrication and installation of an exhaust gases recirculation mechanism. 
Instrumentation was fitted to the engine for measurement and condition monitoring 
purposes as shown in Figure 3.1. . 
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Dynamometer 
_ 
Torque LCD display interface force transducer 3.0%' d. c ck trir 
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Figure 3.1 Diagrammatic layout of engine test bed. 
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Figure 3.2 General view of he test bed. 
3.1.2 Fuel system and flow measurement. 
In order that experiments could be carried out using different types of fuel, three 
separate fuel tanks were provided on the test bed. These were mounted on a cross 
member on top of the instrument frame and piped to the engine via control valves. 
Each tank was fitted with a sight gauge and a drain plug. 
Fuel consumption was measured by a volumetric method through a glass burette which 
had constrictions on each side of a blown out portion. When a consumption reading 
was required, the fuel fed to the engine was drawn from the glass burette instead of the 
main supply (Figure 3.3). The time it took the fuel level to pass between marks on 
the upper and lower constrictions was measured with a stop-watch. The volume 
consumed was divided by the time so obtained to yield fuel consumption in ml/s. This 
was further converted to consumption is kg/h by use of the specific gravity of the fuel. 
With this method it was necessary to ensure that the fuel did not contain air bubbles or 
vapour while passing through the glass burette and through the rest of the fuel line to 
the engine. 
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Figure 3 Volumetric flow meter. 
3.1.3 Air flow measurement. 
-w- to engine 
30 
The air flow measured was that of combustion air. The method of computation of flow 
through a sharp-edged orifice was used here. Combustion air to the engine was drawn 
through an orifice and into a large tank which ducts to the inlet port of the engine. The 
tank was used to dampen flow pulsation through the orifice caused by the nature of 
single cylinder engine suction. The mechanics of flow computation is explained in 
Appendix 3. 
3.1.4 Dynamometer and torque measuring equipment. 
The dynamometer consists of a 220/110 V dc shunt wound interpolar machine without 
a cooling fan. Trunnion shafts are fitted on the ends of the machine case, and these are 
mounted in self-aligning ball bearing plummer blocks on cast iron pedestal brackets. 
The casing of the machine is, therefore, free to swing about the shaft centre line. A 
torque arm of 300 mm is mounted on the front of the casing and a bonded strain gauge 
force transducer is provided to measure the torque reaction on the d. c. machine 
(Figure 3.4). 
The force transducer is suspended from a levelling screw arrangement. An index mark 
is provided on the front of the transducer support stand on a level with the machine 
centre line. During calibration of the force transducer and with the engine not running, 
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a pointer on the end of the torque arm is brought into line with this mark, thereby 
ensuring that the line of action of the force transducer is perpendicular to the torque 
arm. To reduce oscillations of the machine case during running, a simple oil filled 
dash-pot was fitted on a second arm on the other side of the dynamometer. This 
consisted of a piston formed from two perforated discs in a cylinder filled with oil. 
The amount of damping obtained from this dash-pot can be varied by rotating the 
perforated piston discs relative to each other. 
form 
.ýe 
-ý -6- -- 
Figure 3.4 220V d. c. (shunt wound interpolar) electric dynamometer with strain 
gauge force transducer. 
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3.1.5 Electrical instrument panel. 
Controls are provided in an electrical panel to allow the dynamometer to be used first as 
a motor to start the engine, then as a generator to absorb the engine power. Separate 
starting and loading circuits are provided and a heavy duty rotary switch is used to 
change over from motoring to generating through the 'off position. Load can be 
applied to the dynamometer by switching into the armature circuit 20 resistance mats 
arranged in parallel. This gives variation in the torque reaction in steps of up to 
approximately 2.7 Nm. Fine adjustment can then be made between successive steps of 
the armature load by means of a rheostat in the field circuit. 
3.1.6 Measurement of rotational speed. 
A Digitech DE1 053+5 V optical shaft encoder has been fitted to the crankshaft of the 
engine. The encoder gives a TTL pulse at every degree of crank angle and at the 
bottom dead centre. It enables the speed of the engine to be measured and also 
pressure recordings to be synchronised with the position of the crankshaft. Appendix 
8 gives the specification of the encoder used. 
3.1.7 Temperature measurement. 
A number of temperature measurements were made on the test bed using K-type 
(Nickel alloys) thermocouples supplied by RS components Ltd. While some 
temperature measurements, like that of induction air, were used for computation 
purposes (combustion air flow in this case), others were used for control and engine 
condition monitoring purposes only . 
The cylinder head metal temperature, for 
example, was used for control purposes. 
3.1.8 Measurement of oxygen content for the determination of 
percentage of EGR. 
To enable the determination of the level of exhaust gas recirculation (EGR) into the inlet 
manifold, a 1400 series Servomex oxygen analyser was installed on the test bed. The 
analyser measures the paramagnetic susceptibility of the sample gas. Being 
paramagnetic, oxygen, unlike other gases, is attracted into a magnetic field. Its 
concentration in a sample gas is measured in a Servomex analyser by means of a 
magneto-dynamic type measuring cell. Figure 7.4 in chapter 7 shows the EGR valve 
and tapping for gas sampling. Only one gas sample tapping was made on the inlet port 
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of the EGR valve; the other one was made on the exhaust of the engine. Gas was 
sampled at the two tappings at a predetermined engine operating condition in terms of 
speed, load and temperature of the charge at the inlet port. The oxygen content of the 
ambient air was also determined at the same time. Knowledge of the three values 
helped to determine the percentage of exhaust gas recirculation as per equation 7.2 of 
Chapter 7. 
3.2 Computerised Data Acquisition System. 
The purpose of the computerised data acquisition system was to measure and acquire 
cylinder pressure. Indicator diagrams derived from the cylinder pressure data offer 
detailed insight into the combustion process and allow the drawing of conclusions 
regarding the process of combustion itself. 
Figure 3.5 shows a schematic diagram of the data acquisition system used for this 
research. Like any typical set up for measuring and acquiring cylinder pressure data, it 
consists of a pressure transducer, a crankshaft encoder giving the basis for pressure 
measurements and a measuring system for storing and evaluating the pressure signals. 
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Graphic printer 
Pressure Charge - 
transducer amplifier 
TTL 
Kistler type Kistler type 5007 
6123AI 
BDC 
'CA - 
(Interrupt line) 
SI RTON MICROCOMPUTER CHASSIS 
ADC Interface CPU 
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Cromemco 
ADC 12 
Disk drive 
Keyboard 
Video monitor 
Televldeo 925 
Figure 3.5 Schematic diagram for data acquisition system. 
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3.2.1 Pressure signal. 
Pressure transducers are widely used in engine research for acquisition of in-cylinder 
pressure data. For this study a Kistler - type 6123A I (Serial No. SN 370721) air 
cooled piezoelectric pressure transducer was used. Appendix 7 shows the calibration 
sheet for the transducer. The piezoelectric pressure transducer is a polystable quartz 
crystal which produces an electric charge that is proportional to the pressure developed 
in the cylinder. The small transducer output charge is converted and amplified to a 
pressure proportional voltage signal using a Kistler charge amplifier - which is basically 
a charge-voltage converter. After amplification the signal is fed into a 12 bit Analog to 
Digital converter which digitises the amplitude of the measured signal. This process is 
important for the onward transmission to, and further processing of, the data by the 
computer. The signal from the amplifier is also channelled to an oscilloscope for 
display on the screen. Since appropriate scales for the signal were used; it was possible 
to read the values of cylinder pressure on the screen of the oscilloscope. The peak 
cycle pressure as shown on the oscilloscope is significant for control purposes. 
The charge amplifier works like an integrator. Consequently the amplified pressure 
signal has no defined zero level and, therefore, no defined absolute value. In practice a 
reference point on the pressure curve is selected. This is defined by its crankangle 
position and pressure value. For this purpose, a constant point is used, which can be 
situated either in the gas exchange section or in the compression section. The reference 
point used must be known in its absolute value with sufficient accuracy and must not be 
subject to cyclic variation between individual cycles. It can also be set as a constant 
value or obtained from an additional external reference signal - e. g. the intake manifold 
pressure. 
After the definition of the reference pressure, the actual cylinder pressure value at the 
reference crankangle is compared to the defined reference pressure value during every 
cycle. If a difference between the actual pressure value and the reference pressure value 
occurs, the measuring signal is shifted by this amount to maintain the right zero level. 
The result of this is a stable pressure signal of accurate absolute values. For this 
research, cylinder pressure at the top dead centre during valve overlap was assumed to 
be atmospheric and was used as the reference. 
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3.2.2 Calibration of the cylinder pressure measuring channel. 
For calibrating a measuring channel, the following method can be use: 
The overall transfer factor is calculated by multiplying the calibration data of the 
different instruments of the channel. From the combination of the pressure transducer, 
a charge amplifier and an oscilloscope, the overall conversion factor is: 
Instruments Pressure Charge Recording Measuring 
transducer Amplifier Instrument chain total 
Physical 
value bar 
Transform: 
PvX div 
_ 
div 
bar PC V bar 
Figure 3.6. Schematic of a measuring channel. 
For the measuring chain total, the reciprocal value bar/div is normally used. This 
results automatically with some charge amplifiers like the Kistler, type 5007 used in 
this research which have calibration factor setting. Direct calibration factor setting is the 
result of Kistler's philosophy of `Measuring without maths'. When using the 5007 
charge amplifier, it is no longer necessary to work out the overall conversion factor 
from the calibration of the single units used in the measuring channel. On the charge 
amplifier, the sensitivity of the connected transducer is dialled directly. This is done by 
turning a switch that selects the transducer sensitivity range, (10 - 110 pC/MU for 
example) and a potentiometer selecting the numerical values of the transducer 
sensitivity, (e. g. 1-65). By turning the transducer sensitivity range switch the range 
scale is selected, so that any one of the 12 calibrated measuring scales can be read off 
direct in mechanical units per 1V output voltage (MU/V) - without calculation. This 
selection of the of the desired measuring scale in MU/V is done on the amplifier 
by the 
use of a separate knob. The selected measuring scale in MU/V corresponds to the 
earlier defined - overall conversion factor of the measuring chain, where the mechanical 
unit (MU), in this case being that of pressure, is bar. 
3.2.3 Recording of pressure data. 
In-cylinder pressure data so obtained from the engine was stored in a (Sirton) micro 
computer temporarily before they were dumped onto floppy disks and 
later transferred 
PC V div 
Chapter 3. Experimental technique. 36 
to the multi-user Hewlett Packard Mainframe computer for further analysis. In the 
Sirton, the pressure data were stored in a 12-bit form. Each pressure was therefore 
represented by a number of bits in the range -2048 to +2048 bits. The input range of 
the Analog to Digital Converter is -10 V to 10 V, so each bit represents 4.883 mV 
V 10 V 4.883 mV ie bit = 2048 bit - bit 
To convert from bit values to in-cylinder pressure in bar, the following expression is 
applicable: 
bits 
bl 
Vr = bar 
In the case where the charge amplifier sensitivity was matched to that of the pressure 
transducer, the choice of an overall transfer factor of 10 bar/volt, results in a maximum 
pressure recorded to be 100 bar. 2048 bits would then represent 100 bar. 
3.2.4 Crankangle signal. 
In order to sample data synchronously with the engine, the angular position of the 
crankshaft must be known. Two signals are normally necessary for a crankangle related 
measurement. These are: a trigger signal with one pulse per combustion cycle which is 
usually referred to the top dead centre (TDC), and a crankangle signal of a resolution 
of, for example 1 degree. The trigger signal synchronises data sampling and acts as an 
external time base for data acquisition control. For this research a trigger signal was 
generated at the bottom dead centre (BDC), and data sampling was done at a resolution 
of 1 degree of crankangle (Figure 3.5 ). 
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Chapter 4 
Combustion analysis 
Analysis of pressure time histories for the determination of the mass burn rate ( or 
apparent rate of heat release) and indicated mean effective pressure is one of the most 
useful tools in engine combustion research. The rate curves are computed from 
experimental cylinder pressure diagrams with the help of several simplifying 
assumptions. Of significant importance in the computation of fairly accurate rate 
curves is the accurate measurement of cylinder pressure - an element which is also 
emphasized by Rassweiler and Withrow (38). The resultant data in terms of rate 
curves, burn times and peak cycle pressure are used to deduce a simplified model of 
flame initiation and flame propagation for the engine considered. 
Since a substantial cycle-to-cycle variation in combustion and fluctuations in pressure 
may occur it is necessary that a large number of consecutive cycles are recorded before 
trying to characterise the performance of a combustion system. Pressure recordings in 
excess of 100 consecutive cycles have been used for analysis by a number of 
researchers. Computer capacity has constrained the pressure recording for the current 
research to only 50 consecutive cycles. 
4.1 Single cycle evaluation. 
During one four-stroke cycle, 720 measured values are taken at a crankangle resolution 
of 1 degree. This sums up to 36 000 values in 50 measured cycles at one load point 
and speed. At say ten load points, this data accumulates to 360 000. Even at this 
modest number of measured cycles, the quantity of data is quite high when it comes to 
analysis with a computer. This resulted in the need to concentrate and reduce the 
measured data to a reasonable quantity. In practice the evaluation of a few values as 
listed below has been used by researchers for the analysis of combustion from cylinder 
pressure data: 
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- imep value of the complete cycle, 
- imep value of the load exchange section of the combustion cycle, 
- peak combustion pressure (pmax) and its crankangle position ((X-pmax), 
- maximum pressure rise (dpmax) and its crankangle position ((x- dpmax), 
- heat release function of the cycle. 
In this research, all evaluated parameters were calculated from single cycles and the 
results of the single cycle evaluation were statistically evaluated. The parameters, each 
represented by arithmetic mean and standard deviation, characterise the combustion 
process in a concentrated form. This procedure is assumed to enable correct analysis of 
the stochastic combustion process. 
Evaluation of the parameters listed above from a mean cycle - ie the cycle obtained by 
adding the respective values of each cycle and dividing by the number of measured 
cycles has been avoided. This is because, with the mean-cycle-evaluation, information 
about individual cycles and the deviation between them is lost. 
4.2 Cycle pressure analysis by Rassweiler and 
Withrow. 
This is one of the two main methods used for the analysis of cylinder pressure data 
(35). The other one is that based on a formulation by Krieger and Borman (36). The 
method by Rassweiler and Withrow is based on the proposition made by the two in 
1938 that, when combustion occurs in a chamber of fixed volume, the fraction of the 
total pressure rise occurring at any instant in time is proportional to the fraction of the 
fuel burnt. When making use of this proposition in engine combustion, the pressure 
rise resulting from combustion is reduced to that at a constant volume and the total 
pressure rise is then calculated. The mass fraction of the fuel burnt at any crank angle 
is then equal to the fraction of the total pressure rise that has occurred at that point. The 
main advantage of this method is that the pressure data alone is sufficient information 
for the calculation of the fuel mass fraction burnt. 
The main parameters deduced from this analysis to characterise combustion are the 
delay and burn angles. The delay angle is that from the point of fuel injection (case of 
CI engines) to that when a small proportion of the charge, usually 10% but in some 
cases 3% or even I%, is burnt. The main burning period is usually characterised by 
the crank angle required for the fraction from 10% to 90% of the fuel to be burnt. If 
pressure analysis were to be carried out on a number of consecutive cycles, then the 
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peak pressure, delay angle and burn angle values can each be analysed statistically to 
give their mean values and standard deviations. To indicate combustion stability, the 
coefficient of variation (COV) of indicated mean effective pressure (imep) has normally 
been used. This is calculated as: 
" COV(%) = 
61 
em . 
100 (4.1) 
720 
f pdV 
0 
where imep 
s 
and 6imep is the standard deviation of the indicated mean effective pressure. 
Newnham (5) used the method of Rassweiler and Withrow to analyse cylinder 
pressure data collected. In all, the method comprised three steps as listed below: 
" record pressure - time data 
" determine the pressure rise owing to combustion, as distinct from pressure change 
resulting from change of volume. 
" normalise, and sum up the pressure rise data owing to combustion and assume that 
the fraction of total pressure rise due to combustion is equal to the fuel mass fraction 
burnt (i. e. combustion is assumed to be complete). 
This method relies on the assumption that, at any crank angle position, the fraction of 
the total pressure rise owing to combustion is equal to the mass fraction burnt. It also 
assumes that combustion is complete, and that without combustion, the processes of 
compression and expansion are considered to be polytropic, during which the 
polytropic index remains constant. In the analysis used by Newnham, the polytropic 
index was calculated from the compression stroke from 100 to 60 °btdc. The volume at 
each crank angle `i' (Figure 4.1), was calculated from engine design data and the 
pressure resulting from the change of volume caused by piston motion was established 
from the relation: pVn = constant. 
Referring to Figure 4.1, the total pressure change Op, in any crank angle interval i-j 
is assumed in the technique by Rassweiler and Withrow to be made up of the pressure 
rise owing to combustion Apc and a pressure change due to volume change Apv , 
hence: 
dp = Apc + Opv (4.2) 
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From equation 4.2, the pressure change resulting from the change of volume could 
therefore be subtracted from the total pressure rise to give the incremental pressure rise 
owing to combustion. 
Figure 4.1 Determination of pressure change owing to combustion from observed 
cylinder pressure data. 
From Figure 4.1, therefore, 
Op = pj - p, (4.3) 
Apv = pvj - pi 
(4.4) 
hence substituting for Op and Op in equation 4.2 and re-arranging gives: 
Apc = pj - pvj (4.5) 
In order to determine the pressure change resulting from piston motion in the interval i- 
j, imagine that combustion is momentarily stopped at i and the piston allowed to move 
to a position corresponding to the angle j. The problem here is to find the pressure at 
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the end of this volume change. If it is assumed that the process is polytropic, the 
pressure at the end of the volume change is given by the relationship: 
piv n pv v j 
_ 
Pi 
and pvJ .- Vi 
V. 
Pvj = Pi 
substituting for p 
vin 
equation 4.5 gives: 
Il 
i Apc _ pj - pi 
(vv-j, ) 
ifj=i+1 
(4.6) 
Vn 
then, O1 
i+l 
If this is then normalised at a constant volume, say, the clearance volume - VC at the 
top dead centre; 
V. 
Apcv -V" Apc 
c 
(4.8) 
Normalisation of the incremental pressure rise data eliminates the effects of volume 
change resulting from piston motion by determining what the incremental pressure rises 
due to combustion would be had they all happened in a constant volume combustion 
chamber. 
Summing up the normalised incremental pressure rises owing to combustion from fuel 
injection (INJ) to exhaust valve opening (EVO) gives: 
EVO 
APTOT = Jpcv 
i=INJ 
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EVO 
1 
or, APTOT =V" OP, ý. 
Vi (4.9) 
ci= INJ 
the fraction of the total pressure rise owing to combustion at an angle `i' is therefore: 
1 
l4cv 
INJ 
EVO 
I 
4cv 
INJ 
Since, in the method by Rassweiler and Withrow, it is assumed that the fuel mass 
fraction burnt in the interval i to j is proportional to the fraction of the total pressure rise 
owing to combustion, the mass fraction burnt at any crank angle position `i' is 
therefore given by: 
tLpcv 
mb(i) 
_ 
INJ 
mb(TO, n 
EVO 
I 
Apcv 
INJ 
Equation 4.10 therefore, allows the mass fraction burnt , to be determined. 
(4.10) 
In the computation of mass fraction burnt, researchers including Newnham (5) 
assumed that combustion was finished when the normalised incremental pressure rise 
Apcv, was equal to or less than zero. The sum of the normalised incremental pressure 
rises was then scaled from 0 at ignition (case of SI engines) to 100% at the point where 
dpcv was zero or negative. In the current research, Apcv was computed from fuel 
injection to the opening of the exhaust valve. The sum of the normalised incremental 
pressure rises was scaled from 0 at the point of fuel injection to 100 % at the point 
where YApcv was maximum. For simplicity, the fraction of the total pressure rise 
owing to combustion at any crank angle `i' has been used in Chapter 8 of this research 
to indicate the combustion performance of both gasoil and ethanol. 
Although the method by Rassweiler and Withrow has been widely used, it contains a 
number of approximations. The polytropic index is assumed to remain constant during 
combustion. This is not the case in a real engine where the index changes because of 
the increase in heat transfer at the higher temperatures caused by combustion. The heat 
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transfer effects are accounted for only to the extent that the polytropic index n, is 
computed from cylinder pressure data and varies appropriately from y. Also, the 
pressure rise owing to combustion is proportional to the amount of fuel energy released 
rather than to the mass of the fuel burnt. As pointed out by Heywood (2), the 
selection of an appropriate value for n, whether assumed to be constant or to vary 
through the combustion process, is the main difficulty in applying this method to 
combustion analysis. 
The effects of heat transfer, crevices and leakage can be more directly included in a 
cylinder pressure data analysis by the use of a `heat release approach' based on the 
First Law of Thermodynamics. Of significant importance in such an approach is the 
fact that the pressure changes can be directly related to the amount of fuel energy 
released by combustion. This is the approach adopted by Kreiger and Borman (36) 
for the analysis of combustion using measured cylinder pressure. 
4.3 Equilibrium analysis by Kreiger and Borman for 
direct injection diesel engines. 
The method by Krieger and Borman for the analysis of combustion in an engine makes 
use of the First Law of Thermodynamics to calculate the amount of fuel required to 
cause the experimentally measured pressure rise in the engine cylinder. The First Law 
is applied for an open system which is quasi static - ie at uniform pressure and 
temperature (Figure 4.2). For such a system, the First Law can be written as (2): 
dQ dU 
dt p dt + mf _- dt 
( 4.11) 
Two methods have commonly been used to obtain combustion information from 
pressure data using equation 4.11. Both of them assume the contents of the cylinder 
to be at a uniform temperature at any instant in time during combustion. One method 
calculates the `apparent rate of heat - release' and the other calculates the `apparent fuel 
mass burning rate'. The term apparent is used to signify that both quantities are 
approximations to the real quantities which cannot be established exactly. 
To determine the fuel mass burning rate and following Krieger and Borman, 
equation 4.11 can be written as: 
d(Mu) 
_ _-dV + 
dQ 
+h 
dm ( 4.12 ) 
dt F dt dt f dt 
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Here Q is the heat transfer to the gas in the combustion chamber, M is the mass of gas 
within the combustion chamber, and dm/dt is the rate of fuel injection. 
Open system 
boundary 
8 Qht 
i'dmcr 
Figure 4.2 Open system boundary for combustion chamber 
Since the properties of the gases in the cylinder during combustion are in general a 
function of the pressure p, temperature T and the equivalence ratio (D, 
u= u(T, p, (D) and R= R(T, p, I) 
Therefore, 
du au dT 
+ 
au ddp 
+ 
au dý (4.13) 
dt aT dt ap dt a(D dt 
and 
dR aR dT aR dp 
+ 
aR d (D (4.14 ) 
dt aT dt ap dt a(1) dt 
Also the equivalence ratio at any instant is given by (2), 
m 1+ (F/A)o ýo + mo -1 (F/A)S 
(4.15) 
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db 1+ (F/A)o dm hence dt = (F/A)Smo dt 
The ratio F/A is termed the fuel/air ratio; the subscript `o' denotes the initial value prior 
to fuel injection and the subscript `s' denotes the stoichiometric value. Tests on the 
sensitivity of critical assumptions and variables by Krieger and Borman showed that the 
effect of dissociation of product gases on the mass burn analysis was negligible. 
Without dissociation, u= u(T, (D), and R= R/M can be taken as constant since the 
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molecular weight M does not change much. Substitution of equations 4.13 and 4.14 in 
4.12 and simplifying gives the following relationship for fuel mass burning rate (2): 
dm 
dt 
[1 + (cV/R)] p(dV/dt) + (cV/R) (dp/dt) - (dQ/dt) (4.16) 
where D= 
hf + (cv/R) (pV/m) -u - D(au/ate ) 
[1+ (F/A)o] m 
(F/A)S(2) 
Equation 4.16 can therefore be used to determine the fuel mass burning rate with 
respect to time or crank angle or solved numerically for m(t) given mo, (Do, p(t). 
Alternatively, the heat release analysis can be employed to obtain combustion 
information from pressure data. By this method, dQ/alt becomes the difference between 
the chemical energy of the fuel released and the heat transfer from the system. U and 
hf are taken respectively, as the sensible internal energy of the gas in the cylinder and 
the sensible enthalpy of the fuel injected. Since hf is approximately zero, equation 
4.11 can be written as: 
dQn dV dUs 
P dt dt + dt 
(4.17) 
dQn/dt is the apparent net heat release rate and is the difference between the gross heat- 
release rate dQch/dt and the heat transfer to the walls dQht/dt. If the cylinder gas is 
assumed to be ideal, equation 4.17 becomes: 
dQn 
_p 
dV dT 
+ me dt dt v dt 
(4.18) 
Applying the ide-: i gas equati:, r: of state, pV = mRT and assuming R to be constant, it 
follows that: 
dp dV dT (4.19) 
pV-T 
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Using equation 4.19 to eliminate T in equation 4.18 gives: 
dQ" 
=1+Cv 
dV 
+ 
cv 
v 4p dt R" dt R dt (4.20) 
or, 
dQn 
=yp 
dV 
+ 
1_ 
V 4p (4.21) dt , y_1 dt l, _1 
dt 
where y is the ratio of the specific heats, cp/cV. For diesel engines, equation 4.21 is 
often used with a constant value for y in the range 1.3 to 1.35. 
It could have been appropriate to use the method of Krieger and Borman for the 
analysis of combustion of the alcohol fuelled diesel engine for the current research. 
This was, however, not done because the code developed in house for this purpose 
was tailored for spark-ignition engines and would have required extensive modification 
to be used for the compression-ignition alcohol diesel. Time constraints precluded this, 
and instead a simplified analysis based on the method by Rassweiler and Withrow was 
used (Section 4.2). 
4.4 Combustion characterisation. 
Profiles of fuel mass fraction burnt as a function of crank angle obtainable from 
experiments have a characteristic S-shape. The rate at which fuel-air mixture burns 
varies from the point of ignition through to the end of combustion. Researchers have 
used the mass fraction burnt or energy-release fraction curves to characterise the 
different stages of the combustion process by their duration in crank angle. The flame 
development process from the point of ignition or fuel injection to the point where a 
small but measurable fraction of the charge has burnt, is one such stage. The stage 
following the flame development is the one during which the major portion of the fuel 
burns at a relatively fast rate. The final stage is that where the remainder of the fuel 
burns to completion at a somewhat slower rate. Hence, the following definitions have 
commonly been used to characterise the energy release aspects of combustion: 
" Flame development angle, 06d. The crank angle interval between fuel injection 
and the time when a small but significant fraction of the fuel mass has burnt. 
Usually this fraction is 10 percent, though other fractions such as 1 and 5 percent 
have been used. 
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" Rapid, or main burning angle, AOb. The crank angle required to burn the bulk of 
the fuel. It is defined as the interval between the end of the flame development stage 
and when a mass fraction burned or energy-release fraction of 90 percent has been 
attained. 
" Overall burning angle, AO O* 
The duration of the overall burning process. It is 
the sum of AOd and AOb. 
These definitions are illustrated in Figure 4.3 which is a sketch of the fuel mass 
fraction burnt versus crank angle. 
100 
90- 
0 
C 
0 
c. i 
cz 
E 
10 
0 
burn angle (deg. CA) 
Figure 4.3 Combustion characterisation in terms of burn angles 
Some researchers have used other methods to characterise the combustion process. 
Newnham et al (28) using the method of Rassweiler and Withrow for pressure 
analysis, computed the 0- 1% combustion pressure rise times for different 
injection/ignition timing settings for their spark-assisted diesel engine. This was 
considered to be a good indicator for the initial flame establishment period. The 1- 
50% and 1- 90% combustion pressure rise times were also computed for different 
settings of injection and ignition timings. 
f_ed`Iý Ob `J 
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As a measure of stability of the combustion process, Newnham (5) computed the 
cyclic dispersion of the maximum cylinder pressure for 50 consecutive combustion 
cycles. Results from this computation were used to establish engine settings 
(injection/ignition) that achieved stable combustion and therefore minimum cycle to 
cycle variation in peak cylinder pressure. This method of computation of the cyclic 
dispersion of maximum cylinder pressure has been used in this research to indicate the 
measure of stability of combustion. 
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Chapter 5 
Baseline performance on gasoil 
Initial engine performance tests for this research were carried out at a higher 
compression ratio of 25: 1. At this compression ratio, the engine was found to be 
limited in its power output. To be able to compare this performance with that of the 
engine in its original configuration as per the manufacturer, the engine was rebuilt 
according to its original specification as a diesel engine (32). Figure 5.1 shows the 
engine on the test bed rebuilt to that specification. Performance tests were subsequently 
carried out on the engine for the entire load range achievable and at various engine 
speeds. The aim of these tests were two fold: firstly, to provide the standard engine 
performance for comparison with performance at higher compression ratios and 
secondly, to reveal the design limits in peak cylinder pressure and metal temperatures. 
Standard engine performance specification of the Petter PHI single cylinder diesel 
engine is given in Table 5.1 and all baseline performance tests were carried out using 
fuel injection equipment as specified below: 
Nozzle (BRYCE) HL 130S26C 175P3 
Nozzle holder (BRYCE) FC99 208 NSD LAO67D 0468 
HP pipe 930 02.0 mm 
Injection pressure 217 bar 
Injection timing 28 °btdc (by spill ) 
The Bryce code for the nozzle translates as follows: 
HL 130 spray cone angle = 130° 
S26 hole size = 00.26 mm 
C number of holes; C=3, D=4. 
175 identification no. for the nozzle drawing 
P3 length of the hole, P2 = 0.6 mm, P3 = 0.9 mm 
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Table 5.1 Performance specification of the standard Petter PHI engine as per 
manufacturer. I 
Seed [rev/min. ] 2200 2000 1800 1650 1500 1200 1000 
RATING TO 
BS 5514. ISO 3046. DIN 6271: 
Continuous power [kW] 6.7 6.1 5.6 5.1 4.7 3.7 3.0 
Overload power 7.4 6.7 6.1 5.6 5.2 4.1 3.3 
TORQUE AT: 
Continuous power [Nm] 29.1 29.3 29.5 29.7 29.9 29.4 28.6 
Overload power 32.0 32.2 32.4 32.7 32.9 32.4 31.5 
FUEL CONSUMPTION TO BS 5514 [g/kWh] 
AT: 
Continuous power 110% 292 280 270 268 267 275 290 
100% 292 278 267 263 265 270 282 
75% 304 289 270 268 269 274 283 
50% 328 317 312 306 306 312 318 
BMEP AT: 
Continuous power [bar] 5.53 5.56 5.61 5.64 5.69 5.60 5.45 
5.1 Brake specific fuel consumption. 
Results of baseline performance tests in terms of brake specific fuel consumption are 
shown in Figures 5.2(a) - (c; 
One significant observation to be made from performance curves of Figures 5.2(a) - 
(c) is that the engine was not able to achieve its maximum rated power output as 
specified by the manufacturer (Table 5.1) at all three engine speeds. Maximum 
power rating was only reached at an engine speed of 2000 rev/min. The inability to 
achieve maximum power rating was not, however, an engine problem. This was to do 
with the dynamometer. During installation, the dynamometer was coupled to the 
1 According to the engine manufaL. w er, the pu, '. er ratings quoted are those measured at the 
flywheel, 
and fuel consumptions apply to a fu:? y run-in, non-derated engine without power absorbing accessories 
or transmission equipment. Only BS 5514 Fuel consumptions at 100% 
load are guaranteed. 
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engine on the camshaft thus, running at half engine speed. With this set up, the 
dynamometer was not able to load the engine to its maximum load rating at respective 
engine speeds. Comparison of engine performance at full load with original 
specification was, therefore, not possible. This could, however, be done at loads 
lower than maximum; and values representing 75% of original load rating are used here 
to compare actual engine perfcimance in its original configuration to the specification 
by the manufacturer as per Table 5. I. In general, this corresponds to the minimum 
brake specific fuel consumptior.. 
At 75% of rated load, engine performance in terms of brake specific fuel consumption 
was generally worse than with the standard engine. Brake specific fuel consumption 
increased by between 7.1 and 8.2 percent at engine speeds of 1500 to 1800 rev/min 
(Table 5.2). Considering that this is not a new engine, and that it has seen, prior to 
this programme, many hours of service as a research engine - handling fuels of various 
qualities; the performance observed compares very well to that of the standard engine. 
Table 5.2 Comparison of engine performance on gasoil to the original specification at 
75% of rated load. 
speed at 75% of original rated load A bsfc 
load rated bsfc actual bsfc 
rev/min. bmep / bar g/kWh /kWh % 
1500 
1650 
1800 
4.23 
4.23 
4.21 
269 
268 
270 
288 
290 
292 
+7.1 
+8.2 
+8.1 
The third column of Table 5.2 therefore, gives the baseline engine performance in 
terms of brake specific fuel consumption at 75% of the original rated load at the 
respective engine speeds. Figures 5.2(a) - (c) gives the baseline performance in 
brake specific fuel consumption over the entire load range, and at the respective engine 
speeds. 
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5.2 Exhaust and cylinder head metal temperature of the 
standard engine. 
The cylinder head metal temperature of the engine was measured with a thermocouple 
positioned in the cylinder head metal about 5.6 mm above the inner surface of the 
cylinder head (Figure 6.15 - Chap. 6). The temperature was recorded during 
baseline performance tests to reveal the engine design limits in this parameter. This 
was reported to be an important limiting parameter for engine operation on alcohol fuels 
by Newnham (5) and Wren (. 12). The variation of this with engine load is shown in 
Figures 5.3(a) - (c). The corresponding variation of exhaust temperature with 
engine load at various speeds is given in Figures 5.4(a) - (c). 
Maximum cylinder head metal temperatures as observed in Figures 5.3(a) - (c) are 
given in Table 5.3. Also given in Table 3 is the peak cylinder head metal 
temperature recorded during baseline experiments at an engine speed of 2000 rev/min. 
The values, therefore, provide an indication of the design limitation for cylinder head 
metal temperature. The cylinder head metal temperature of 225 °C at an engine speed of 
2000 rev/min was therefore the maximum recorded. Newnham used a value of 350 
°C as the limiting cylinder head metal temperature when running the same engine as a 
spark-assisted, alcohol burning diesel. He observed that operation at metal 
temperatures above 350 °C resulted in cracking of the cylinder head at the weak areas, 
like the bridge between the valve seats. The temperature of 350 °C has been adopted in 
this programme as the limiting cylinder head metal temperature for safe engine 
operation. Subsequent engine tests have been limited to cylinder head metal 
temperatures below 350 °C. 
Table 5.3. Maximum cylinder head metal temperature on gasoil for the standard PH 1 
engine. 
Engine speed, rev/min. 1500 1650 1800 2000 
Max. cylinder head metal temp. °C 166 180 195 225 
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5.3 Peak cycle pressure on gasoil. 
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Cylinder pressure data was acquired synchronously on a Sirton micro computer as well 
as being displayed on an oscilloscope (Figure 3.6 - Chap 3). A graphic printer was 
available to print the pressure diagram displayed on the oscilloscope. Pressure data 
acquired by the computer for this operation was subsequently lost, so the pressure 
values obtainable from oscilloscope print outs are given in Table 5.4 to indicate the 
range of peak cylinder pressures achieved at various engine speeds. 
Table 5.4 Observed peak cylinder pressures (pmax)' for the standard engine at 
various speeds. 
Engine speed Load Pmax 
rev/min Nm % rated bar (+/- 1.4) 
1500 24.3 81 71.4 
13.5 45 65.7 
1650 26.9 90 72.1 
8.0 27 63.6 
1800 _: 8.4 
96 71.4 
t6.3 55 65.7 
2000 28.8 98 68.6 
9.5 32 52.9 
As for the case of cylinder head metal temperature, the values of peak cylinder pressure 
at the respective engine speeds provide an indication for the design limit for this 
parameter. The maximum cylinder pressure as per Table 5.4 was 72 bar, recorded at 
a load of 26.9 Nm (90% rated ',.; ad) an, -' engine speed of 
1650 rev/min. It is shown in 
Chapter 6 that peak cylinder pressures in excess of 100 bar were recorded with the 
engine operating on gasoil at the higher compression ratio of 20: 1. This was also the 
case with the engine operation on ethanol as shown in Chapter 8. 
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M 
Figure 5.1 Engine rebuilt according to the manufacturer's specification using a 
standard piston and a standard fuel injection pump. 
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Figure 5.2 Baseline performance of the standard engine (CR 16.5) at (a) 1500 (b) 
1650 and (c) 1800 rev/min. 
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Chapter 6 
High compression ratio engine 
In the current research, the technique chosen to enable the spontaneous ignition of 
alcohol fuels in the test engine was that of raising the compression ratio and fitting an 
exhaust gas recirculation (EGR) system. The higher compression ratio increases the 
temperature ratio during compression and the EGR system helps to increase the initial 
temperature. The combined effect of these is a higher cylinder gas temperature at the 
time of fuel injection than with the standard engine. Higher cylinder temperatures 
would be necessary to ignite alcohol fuels because of their higher spontaneous ignition 
temperatures compared with that of gasoil (Appendix 1). This proposition was 
confirmed by practical observation by Griffiths et al (23) in their work on 
spontaneous ignition of methanol in a rapid compression machine; and also by 
Siebers et at (37) investigating the ignition characteristics of alcohol fuels examined 
under simulated diesel engine conditions in a constant volume combustion chamber. 
The original engine compression ratio of 16.5: 1 was, therefore, raised to 25: 1. This 
was done by modifying a standard PH 1 piston to take a bowl insert that produced the 
desired combustion chamber volume (Figure 6.1). 
Bowl insert 
Original 
combustion 
chamber 
i 
Figure 6.1. High compression ratio piston 
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Modification of the standard piston by insertion of a combustion chamber bowl was 
made necessary because flat topped pistons were not available. Figure 6.2 shows 
the standard and the modified high compression ratio piston. 
Figure 6.2 The standard (right) and the modified high compression ratio piston 
(left). 
The resulting high compression ratio engine was initially tested on gasoil to establish 
baseline performance at the higher compression ratio. The reason for this was to 
determine the ways in which the compression ratio change alone affected engine 
performance. Tests with gasoil represent the best measure of the change in engine 
performance owing to change of compression ratio without the side effects from 
change of the fuel. 
Experiments showed that the power output of the engine was highly limited by the 
increase in compression ratio to 25: 1. With the set up of the test bed, the performance 
of the original engine was only limited by the dynamometer capacity. On the other 
hand, at an engine speed of 1500 rev/min., while the original engine is specified to 
achieve 4.7 kW, the power output of the engine at the higher compression ratio was 
limited to 2.7 kW (Figure 6.4(a)). A similar limitation was also observed at an 
engine speed of 1650 rev/min (Figure 6.4(b)) and it is assumed that a similar trend 
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would be applicable at speeds higher than 1650 rev/min. Attempts to load the high 
compression ratio engine above its maximum power output stalled it. Further, the 
brake specific fuel consumption was much higher for the same loads. 
Experimental results obtained by Woomert and Pelizzoni (23) on an investigation 
of the effect of compression rat .o on engine performance 
differ from those obtained in 
this research on the jingle cylinder PH . engine. Woomert et al worked on a six 
cylinder, four-stroke cycle, turbo-supercharged water-cooled diesel engine. They 
raised the compression ratio of the engine from the original 15.8: 1 to 20.5: 1. Engine 
performance in terms of brake specific fuel consumption was shown to have improved 
throughout the speed range at full load conditions. Results obtained in this research 
showed deterioration of brake specific fuel consumption at engine speeds of 1500 and 
1650 rev/min as shown in Figures 6.4(a) and (b), and also at 1800 and 2000 
rev/min and over the whole range of load conditions at the respective engine speeds. 
The deterioration in br.: &ke specific fuel consumption caused by the increase in 
compression ratio can be iurth-, ý elucidated by plotting the running fuel output against 
brake mean effective pressure as in Figure 6.5. 
It is apparent from Figure 6.5 that, higher fuel outputs are required at the higher 
compression ratio to achieve the same power output as at the lower, original, 
compression ratio of 16.5. ThiQ suggests that brake thermal efficiencies at the higher 
compression ratio are therefore worse than with the original engine. This does seem to 
contradict the theoretical relationship, widely regarded also as a practical observation, 
that engine efficiency improves with increased compression ratio. 
Unlike in the work by Woomert et al, different fuel pumps were used in this research at 
the low (CR16.5) and high (CR25) compression ratios. Therefore there was the 
possibility that some of the effects observed were caused by the different specifications 
of the fuel injection equipment. This was eliminated in another set of experiments at a 
compression ratio of 20: 1, where the same fuel injection equipment and injection timing 
as those used with the engine in its original configuration were used. The performance 
of the engine was markedly improved compared with the 25: 1 version by the change of 
compression ratio to 20: 1 and use of the standard fuel injection equipment 
(Figures 
6.4(a) and (b)). 
The brake specific fuel consumption at the compression ratio of 20: 1 was 
better than 
that at 25: 1 but stitl worse than at the riginal engine compression ratio of 
16.5: 1. 
Running fuel output in mm3/cycle was higher at the higher compression ratios than 
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with the original standard engine (Figure 6.5). One significant difference from 
operation at the compression ratio of 25: 1 is that at CR20, the engine power output is 
not limited to the lower values. The engine achieves the same power output as the 
standard engine. This is, of course, achieved at the expense of worse brake thermal 
efficiency. 
6.1 Effect of compression ratio on brake thermal 
efficiency of the engine. 
Comparison of engine performance on gasoil at the original (16.5: 1) and at the higher 
compression ratio of 20: 1 and various engine speeds, show that the engine suffered a 
loss in brake thermal efficiency at the higher compression ratio (Figures 6.6(a) - 
(c)). Examination of engine performance at a point equivalent to 81 % of the original 
engine rated power output and at speeds of 1500,1650 and 1800 rev/min, showed a 
loss of brake thermal efficiency of about 3% at 1500 and 1650 rev/min but 2.2% at 
1800 rev/min. The corresponding increases in running fuel output necessitated by the 
loss of brake thermal efficiency were, respectively, 14%, 11.6% and 7.6%(Figures 
6.7(a) - (c)). From theoretical considerations, cycle efficiency of the 
ideal dual 
combustion air standard cycle is given by (Appendix 5 ): 
TI 
1 
1-r 
v 
1) + RY((X -1)I 
(6.1) 
Assuming all parameters in equation 6.1 except rv remain constant; and that the 
compression ratio of the engine is changed from 16.5 to 20, the air standard cycle 
efficiency changes from Ill to 112 as per the following relationship: 
112 v1 
Y- Q2 Y-1 
Ill rv2 - rv1 
1 y- 1 ý- 1ý 
assuming 7=1.3, 
112 16.5 0.3 (20 0.3 - 1) 
ii - 200.3 *(16.50.3_ 1) 
Rai -1 
(6.2) 
112 
= 1.04 
ll 1 
Chapter 6. High compression ratio engine. 61 
From cycle analysis therefore, a 4% increase in cycle efficiency is to be expected 
because of an increase of compression ratio from 16.5 to 20. Contrary to this 
analysis, the engine brake thermal efficiency was observed to fall when the 
compression ratio was increased. This suggests that, in a practical diesel engine, 
increase of compression ratio alone, does not necessarily lead to an increase in brake 
thermal efficiency of the engine. Other parameters that are not considered in the 
theoretical cycle analysis, like injection timing and injection pressure might be 
influencing the overall brake thermal efficiency. 
In discussing the effect of compression ratio on specific fuel consumption Ferguson 
(34) points out that the indicated specific fuel consumption of an engine improves at a 
faster rate with increasing compression ratio than the brake specific fuel consumption 
because friction and heat losses increase with compression ratio. Owing to these 
effects Ferguson stipulates that there is an optimum compression ratio. He cites 
compression ratios of 12 to 18 being typical optimum compression ratios and that this 
is the reason why direct injection diesel engines have compression ratios limited in that 
range. Increased heat loss when operating on gasoil at the higher compression ratio of 
20: 1 was observed in this research as manifested in higher cylinder head metal 
temperatures as shown and discussed later in section 6.2. The increased heat loss 
with subsequent change of the polytropic index resulting from operation at the higher 
compression ratio are regarded as being the cause for the observed loss in brake thermal 
efficiency. 
6.2 Thermal effects of compression ratio on the 
cylinder head. 
Previous work by Newnham (5) and Wren (12) reported limitation on engine 
performance when running on ethanol with or without spark assistance owing to 
thermal stress consideration for the cylinder head. In Wren's work, at an engine speed 
of 1800 rev/min and a compression ratio of 22: 1, the engine would only achieve 2.6 
kW as opposed to the rated power output of 5.6 kW. This was because the cylinder 
head metal temperature at this point was already near 350 °C -a temperature which was 
established by Newnham to be the limit for safe operation of the engine. Considering 
that the original continuous engine power rating at 1800 rev/min is 5.6 kW, this was a 
derating of the engine power to a mere 46%. Further, Wren was not able to run the 
engine on ethanol without spark assistance at cylinder head metal temperatures below 
230 °C, thus limiting the operation to a very narrow range of loads 
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Owing to the importance of thermal loading considerations as indicated above, 
experiments were conducted to establish the original design values for cylinder head 
metal temperature for various load conditions and at a number of engine speeds. These 
were compared with temperatures obtained when the compression ratio was raised to 
20: 1. Figure 6.3 shows the depth at which the type K surface probe was positioned 
to measure the cylinder head metal temperature. Figures 6.8 and 6.9 show the 
variation of cylinder head metal temperature and exhaust temperature for the standard 
engine (CR 16.5) and at the higher compression ratio of 20: 1 at various engine speeds. 
It is evident from these results that the increase in compression ratio from the original 
16.5 to 20 generally resulted in an increase in cylinder head metal temperature. The 
increase was higher at the higher loads for the respective engine speeds. The higher 
cylinder head metal temperature is considered to be a manifestation of an increase in 
heat loss from the combustion chamber and cylinder to the walls through the increase in 
compression ratio. 
The higher heat loss from the engine because of the increase in compression ratio 
affects engine performance, since a higher heat loss would lead to lower average 
combustion gas temperature and pressure and reduce the work per cycle transferred to 
the piston (2). This has been shown to be the case in section 6.1, where the engine's 
brake thermal efficiency was appreciably affected. 
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Figure 6.3 Thermocouple position on the PHI cylinder head. 
1 55 mm 
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6.3 Effect of compression ratio on peak cycle pressure. 
Peak cycle pressures on gasoil were observed to be higher for the higher compression 
ratio engine at various engine speeds, as was also observed by Woomert et al (33). 
The incremental change in peak cycle pressure at various loads and engine speeds was 
in the order of 20 bar. Typicaa p-6 diagrams at a constant load and engine speed but 
different compression ratios are given in Figures 6.10 and 6.11. These are given 
as an example of the trend for higher peak cylinder pressure obtained at the higher 
compression ratio of 20: 1 as opposed to that obtained with the standard engine at a 
compression ratio of 16.5: 1. A simple statistical analysis of the cylinder pressure over 
50 consecutive cycles at CR20,1500 rev/min and 10.7 Nm gives an indication of the 
combustion performance of the engine at the higher compression ratio (Table 6.1). 
This also gives a further insight into the variation of the cylinder pressure from cycle to 
cycle while, at the same time, confirming the range of pressure values shown in 
Figure 6.11. 
The higher compression ratio of 25: 1 showed even higher peak cylinder pressures than 
those obtained at a compression ratio of 20: 1. As the computer data acquisition system 
was not operational when tests at CR25 were conducted, no pressure data is available 
for statistical or combustion analysis. Oscilloscope printouts, however, were used to 
record the typical cylinder pressures obtained. Samples of these are given in Figure 
6.12 for an engine speed of 1200 rev/min and three different loads. While peak cycle 
pressures were observed to remain below 100 bar throughout the operating range for 
the standard PHI engine, the modified CR25 high compression ratio engine recorded 
peak pressures in excess of 100 bar even at low loads and engine speed as shown in 
Figure 6.12. 
6.4 The main findings from operation at the higher 
compression ratios of 20 and 25. 
The main observations made in the programme of operation of the Petter PHI diesel 
engine on gasoil at higher compression ratios of 20 and 25 are summarised below: 
1. At CR25, engine power output was severely limited and engine efficiency was 
reduced significantly. 
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2. Compared with the standard engine, power output at CR20 was not limited but the 
following observations were made: 
" brake thermal efficiency suffered over the full engine operating load range at 
engine speeds of 1500 to 1800 rev/min. This was of the order of 3% or less. 
Corresponding to the lower brake thermal efficiencies, an increase of fuel 
consumption of up to 13% was recorded. Decrease in brake thermal efficiency 
with increase in compression ratio was shown to be contrary to the theoretical 
relationship widely regarded as a practical observation that engine efficiency 
improves with increase in compression ratio. Parameters not considered in the 
simple theoretical relationship may be responsible for the observed loss in brake 
thermal efficiency. 
" Cylinder head metal temperatures were higher over the whole load range at 
engine speeds of 1500,1650 and 1800 rev/min. This was accompanied by 
corresponding increase in exhaust temperatures. Increase in cylinder head metal 
temperature suggests an increase in heat loss to the combustion chamber walls, 
including the cylinder head, while the accompanying increase in exhaust 
temperature suggest an increase in mean gas temperature. It is suggested that 
increase in compression ratio tended to increase the mean gas temperature, resulting 
in increased heat loss to the cylinder head and higher exhaust temperatures. The 
higher heat loss, resulting in less fuel energy being available for shaft power might 
have been the cause for the observed loss in brake thermal efficiency. 
Engine operation at CR20 was considered to be within the engine's mechanical and 
thermal limitations. The inferred increase in gas temperature with operation on gasoil 
was considered to be advantageous for operation on alcohol fuels. This compression 
ratio was therefore chosen for further work on ignition and combustion of ethanol in 
the engine as reported in Chapter 8. 
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Figure 6.10 Typical p-0 diagram for original engine (CR 16.5) running on gasoil at 
4.7 kW and engine speed 1650 rev/min. 
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Figure 6.11 Typical p-0 diagram for high compression ratio engine (CR 20) running 
on gasoll at 4.7 kW and engine speed 1650 rev/min. 
Table 6.1 Statistical analysis of peak pressure at CR25 10.7 Nm and 1500 rev/min. 
pnmax 
(bar) 
( mean) 82.00 
(sdev( 1.37 
jmax( 85.06 
11111111 78.96 
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SIGNAL PARAMETERS: 
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Figure 6.12 Typical p-0 diagrams for very high compression ratio engine (CR 25) 
running on gasoil at 1200 rev/min. 
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Chapter 7 
Exhaust gas recirculation 
Exhaust gas recirculation (EGR) is a fairly common technique used in practice to 
control NOX emissions especially for spark ignition engines, and this has also been 
supported by experimental results by a number of researchers (2,7,19,20,24,25). 
Control of NOX emissions with the use of EGR for gasoil fuelled diesel engines was 
reported by Oetting (25) and also by Hilger et al (7) for a methanol fuelled, glow- 
plug ignition diesel engine. In EGR, a portion of the exhaust gases is recycled through 
a control valve to the engine intake system (Figure 7.1). This mixes with the fresh 
fuel-air mixture in the case of SI engines just before the throttle valve and, therefore, 
acts as a diluent in the unburned mixture in the cylinder. Reduction of NOx is 
accomplished because of the presence of carbon dioxide and water vapour in the 
exhaust gases. The two constitute a major proportion of the exhaust gases and, since 
their specific heat capacities are high, they act as ballast gases and therefore help to 
reduce the temperature of combustion in the cylinder and, therefore, the rate of 
formation of NOR. Apart from reduction of NOV work carried out by Weaving and 
Pouille (26) on a single-cylinder research engine shows that brake specific fuel 
consumption and HC emissions increase with increasing EGR. For this reason, EGR 
is normally limited to 5- 10%. 
According to Heywood (2), EGR in SI engines reduces the combustion rate, making 
stable combustion more difficult to achieve. In general, the amount of EGR an engine 
can tolerate varies from engine to engine, and depends on the combustion 
characteristics of its combustion chamber, engine speed and load, and the equivalence 
ratio. An EGR rate of 15 to 30 per cent is reported by Heywood as being the maximum 
SI engines can tolerate under normal part-load conditions. Unfortunately no figures for 
diesel engines have been found from literature. 
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Figure 7.1 Schematic diagram for EGR. 
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Exhaust gas recirculation was pursued in this research in order to enable compression 
ignition of ethanol in a single cylinder diesel engine. The main reason for EGR was to 
raise the initial intake charge temperature so as to increase the gas temperature at the end 
of compression. This was deemed necessary to enable spontaneous ignition of ethanol 
in the engine. Benefits in reduction of pollution in terms of lower NOX were expected 
owing to the use of EGR. An alternative arrangement for intake charge pre-heating 
would have been to install some electric heating mechanism or heat exchanger at the 
intake system. The choice of an EGR valve was made as it was thought to be simple 
and would not require extra equipment such as a battery and heating coil or a heater 
plug as would have been needed by an electric heating system. 
Application of EGR to enable compression ignition of alcohol fuels is an area that has 
not been investigated very intensively. Only a few researchers including Newnham 
(5) Wren (12) Hikino (13) Takizawa (19) and Takada (20) have reported work in 
this area. Most of this, however, was in connection with work for spark-assisted 
diesel engines. Work by Hikino et al on a 6-cylinder, methanol fuelled diesel engine 
showed that with spark-assistance it was difficult to achieve a good combustion 
especially at light loads. This observation confirms earlier work by Newnham where 
relatively good performance on a spark-assisted methanol/ethanol diesel was obtained 
only at near full-load conditions; and is in agreement with the work by Takizawa and 
Takada. Hikino at at attributed the poor combustion performance of the spark- 
assisted diesel at low loads to the fuel distribution and to the single point ignition at the 
spark plug. 
The choice of using an EGR valve to enable compression-ignition of alcohol fuels in 
this research was further influenced by two other reasons: firstly, running without 
spark assistance simplifies the engine design to as near standard diesel engine 
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configuration as possible. Secondly, it was thought that avoiding the phenomenon of a 
single point ignition at the spark plug by substituting with multi-point compression 
ignition would possibly overcome the poor low load combustion of the spark assisted 
diesel and perhaps achieve a better overall fuel economy. The philosophy adopted was 
that the real problem for compression ignition of alcohols was their much higher 
spontaneous ignition temperature compared with that of gasoil. The spontaneous 
ignition temperature of ethanol for example, is 365 °C as compared to 245 °C for gasoil 
(27). This led to experiments with increased compression ratio to increase the 
temperature rise in compression and exhaust gas recirculation to increase the initial 
temperature. Since the gas temperature at the end of compression at low loads has been 
reported by Hikino et al (13) to be lower than that obtained at high loads - 
autoignition of alcohol fuels at low loads would, therefore, be achieved with the help of 
EGR. 
In the course of this research, two different set ups for exhaust gas recirculation were 
used. Figure 7.2 shows the first set up used which was subsequently decided to be 
inadequate for ethanol running. Figures 7.3 and 7.4 show the EGR valve which 
was used for subsequent engine running on gasoil and ethanol involving exhaust gas 
recirculation. This comprised of a welded combined inlet and exhaust duct assembly 
with a transverse connecting passage, close to the ports. The ducts incorporated 
tappings for temperature and oxygen metering to enable the EGR ratio to be 
determined. The valve was found to be quite effective in enabling a range of EGR rates 
to be introduced. 
Results of initial tests on the engine with exhaust gas recirculation using gasoil are 
shown in Figures 7.6 - 7.10 These : esults were obtained using scheme 1 of EGR 
as shown in Figure 7.2. This EGR system enabled only very low levels of 
recirculation - in the order of 3 per cent or less. The tests were aimed at 
finding out the 
effect of exhaust gas recirculation on the performance of the engine without the side 
effects of change of fuel. With such a low rate of EGR, the intake air temperature at the 
inlet manifold always remained below 50 °C. This EGR system was very restrictive in 
the sense that it only allowed very low rates of recirculation and so the intake air 
temperature could not be raised higher than 50 °C -a charge temperature which was 
reported by other researchers (4) as inadequate to enable ignition of alcohol fuels 
by 
compression in a diesel engine. This was the reason for replacing it by the more 
compact design of valve shown in Figures 7.3 and 7.4. This valve 
is also shown 
diagrammatically in Figure 7.5. 
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Control of the level of exhaust gas recirculation with the scheme 2 of EGR (Figure 
7.5) was done through a plate valve that regulated the opening of the passage 
connecting the inlet and exhaust ducts. A thermocouple `T', installed 35 mm down 
stream from the mixing point `A', read the temperature of the mixed charge which was 
regarded as an indicator o the level of recirculation. Initially, this temperature was the 
only parameter used to indicate the level of recirculation before an oxygen analyser was 
installed to enable the computation of the actual percentage of exhaust gas recirculation. 
Figure 7.6 shows the effect of EGR on the performance of the standard engine (CR 
16.5: 1) on gasoil at 1500 rev/min. In the absence of elaborate metering instruments, 
during these experiments, direct computation of the rate of EGR was not possible. 
Temperature differential between the test cell ambience and the temperature of the 
charge at the inlet port, however, provided a means of demonstrating recirculation of 
exhaust gases. To quantify this, to some extent, a method used by Hikino (13) for the 
computation of EGR rate was adopted. Consider the results shown in Figure 7.6. 
As a means of confirming exhaust gas recirculation, the mass flow rate of air against 
brake mean effective pressure was plotted as in Figure 7.7. At any given load point, 
the percentage of EGR can be computed from the difference of the mass flow rate of air 
between operation with and without exhaust gas recirculation. At 75 per cent of rated 
load (4.27 bar) for example, using the method by Hikino and air mass flow rates as 
given in Figure 7.7, the following computation for EGR can be made. 
mass flow rate of air without EGR, 
mass flow rate of air with EGR, 
EGR (%) = ma - mae " 
ma 
Hence, at 75% rated load, 
EGR = 
. 100 
6.9 x 10-6 - 6.7 x 10-6 
6.9 x 10-6 
= 2.9%. 
ma = 6.9 x 10-6 kg/s 
mae = 6.7 x 10-6 kg/s 
. 100 
(7.1) 
At 50% of rated load and using air mass flow rate data from 
Figure 7.7, equation 
7.1 returns an EGR level of 3.3%. 
These results show that relatively small amounts of EGR result 
in a measurable 
variation in engine performance as exhibited in 
Figure 7.6. In this case, an EGR 
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level of 2.9% at 75% of rated load resulted in an increase of brake specific fuel 
consumption of approximately 5.4%. The temperature differential between ambient air 
and that of the charge at the inlet port was 10 K; with charge temperature being 38 °C. 
This is a fairly low initial temperature when considering ignition of alcohol fuels by 
compression. It suggested that levels of EGR higher than 3% would have been needed 
for operation of ethanol on the engine with compression ignition. In addition, it is seen 
that the effect of EGR on the brake specific fuel consumption as shown on Figure 
7.6 is seemingly not exclusively caused by the raising of the inlet manifold charge 
temperature. Corresponding to engine performance shown in Figure 7.6, the inlet 
manifold charge temperatures with exhaust gas recirculation (shown in Figure 7.8) 
were lower than those without recirculation. This was primarily caused by the fact that 
the two experiments were conducted on different dates when ambient temperatures 
were appreciably different, the exhaust gas recirculation experiment being carried out 
on the colder day. The results suggest that, apart from the temperature effect, 
performance with EP =R is affected by species concentration at the inlet manifold. 
Engine operation on gasoil with EGR show that the rate of exhaust gas recirculation 
affects the performance of the engine. Figure 7.10 shows the effect of the rate of 
exhaust gas recirculation on the brake specific fuel consumption at a constant engine 
speed of 1500 rev/min on gasoil. Increase in the rate of EGR results in an increase of 
brake specific fuel consumption. While increase of compression ratio was shown to 
increase the bsfc, introduction of small amounts of EGR had the positive effect of 
improving engine performance. Higher levels of EGR, however, deteriorated the 
engine performance and, with EGR rates high enough, engine performance can be 
made to drop to the point where it is as bad as running the engine at the higher 
compression ratio without EGR. 
Experience was obtained as to the effect of exhaust gas recirculation on the performance 
of the engine in its standard configuration and at a higher compression ratio of 20: 1 
with gasoil. Performance of the standard engine (CR 16.5) deteriorates with 
introduction of :;: mall amounts of EGR of up to 3% over the full load range. This is 
shown in Figure 7.6. At the higher compression ratio of 20: 1, the trend is different. 
Small levels of EGR improves engine performance over the full load range as shown in 
Figure 7.9. EGR here tended to counter the negative effects of increased 
compression ratio. Engine performance, however, was shown to deteriorate with 
increasing level of EGR as depicted in Figure 7.10 for an engine speed of 1500 
rev/min. The higher level of EGR here did not exceed 5%. This knowledge was 
utilised in subsequent engine running on ethanol. It was considered that the same trend 
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may be applicable for operation on ethanol. It was, therefore, decided to keep EGR 
levels as low as possible so as not to affect engine performance negatively. Results of 
experiments on ethanol are explained in Chapter 8, and these show that even very 
small levels of EGR not exceeding 5% were sufficient to enable compression ignition 
of ethanol in the engine. 
7.1 Quantitative aspects of EGR. 
Initial uncertainties in the determination of the level of exhaust gases recirculated, led to 
a more elaborate arrangement to determine this. The method adopted was similar to that 
used by Oetting (25). The basic requirement for this method is an oxygen analyser 
which measures the oxygen content of the charge in the inlet port and in the exhaust. 
Knowledge of the two values together with the oxygen content of the ambient test cell 
air enables the computation of the percentage of exhaust gases recirculated. Two 
assumptions were made for this, namely: 
" if the air/fuel equivalence ratio is higher than 1, combustion in a diesel engine is 
considered complete and, therefore, the exhaust contains only N21 02, CO2 and 
H2O. 
" N21 02, CO2 and H2O are regarded as inert gases. 
Referring to Figure 7.1, the level of exhaust gas recirculation (EGR) is defined as: 
EGR (%) =c 
1 
C1 - C2 
1 (1 
'1 3 
100 (7.2) 
where, Cl= oxygen content of ambient air 
C2 = oxygen content in the inlet manifold 
C3 = oxygen content in the exhaust. 
The subscripts in the C's correspond to the location numbers in Figure 7.1. 
This is only one of a number of methods used by different researchers to define the 
level of EGR. The definition by Hikino as the percentage reduction in mass flow rate 
of air at a given operating condition is another one (equation 7.1). The level of EGR 
can also be defined volumetrically or on a molar basis. Alternatively, as in equation 
7.2, the level of EGR can be derived from measurement of the concentration of a 
particular species in the exhaust, the inlet manifold and in the intake air. Stone (24) 
gives a description of the various definitions used for the level of EGR, and Heywood 
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(2) offers a correlation between two different definitions based on gravimetric 
measurements. 
Since various definitions for the level of EGR can be used, it is important to establish 
the method for measurement and definition of EGR used. This has been found to be a 
problem since much of the literature reporting work on EGR does not stipulate the 
method of measurement or definition used for EGR rate. 
7.2 Experiments with ethanol using EGR 
In initial engine runs on ethanol, the sample charge for oxygen analysis was tapped at 
position B as shown in Figure 7.5 without the length of copper tube extending into 
the inlet manifold. Oxygen analysis of the sample at this position gave quite suspect 
results in the sense that at some EGR valve settings, while the thermocouple `T' 
showed a temperature value appreciably higher than ambient (in the order of 10 degrees 
Celsius), the oxygen content of the charge was analysed to be almost the same as that 
of the ambient air. It was considered that the charge was tapped before it had properly 
mixed with the exhaust gases. A copper tubing of bore diameter 2.7 mm and reaching 
in the inlet manifold to a position 122 mm from the mixing point `A' was, therefore, 
installed. At the new sampling position the inlet air was expected to have had ample 
time to mix thoroughly with the exhaust gases introduced. Subsequent experiments 
with the tube installed showed insignificant variation from previous results, thus 
confirming those values. 
Experiments on ethanol at various engine speeds and load as reported in Chapter 8, 
established the fact that without EGR, unassisted engine running on ethanol is not 
possible. Engine operation on ethanol remained very sensitive to the charge 
temperature at the inlet port which covered the range 65 - 95 °C, with a mean 
temperature of 83 °C. Appendices 9.1 and 9.2 show samples of test data from 
unassisted engine running with ethanol, which include the inlet manifold temperature. 
In most cases it was found that ul*ering the inlet manifold temperature by more than +/- 
10 K at any particular running condition would stall the engine. Operation at 
temperatures well above 100 °C was found not to be possible, presumably because of a 
significant loss in volumetric efficiency at the higher inlet air temperatures. There were 
no attempts to boost the intake pressure in this research. Once the temperature range 
for stable unassisted running v, as established, engine operation on ethanol was 
fairly 
easily maintained. The level of exhaust gas recirculation was computed to 
be 0- 5% 
for almost all engine runs showing that high levels of recirculation were not necessary 
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for an engine running on ethanol without spark assistance. A typical test run on ethanol 
would last between one and two hours, and successful ethanol runs were normally 
fairly smooth without appreciable differences in noise level as compared to gasoil 
running at the same operating conditions. 
Sooting of the intake port and manifold caused by EGR was observed with runs on 
gasoil although this was not the case with the engine running on ethanol. This is 
because of the apparently smokeless exhaust when running on ethanol. 
-r 
EGR valve and 
ducting 
Figure 7.2 Method 1 for introduction of EGR. 
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Figure 7.4 EGR valve 2 installed on engine. 
78 
Figure 7.3 EGR valve 2 
disassembled. 
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Figure 7.5 Schematic diagram of Exhaust Gas Recirculation mechanism. 
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Chapter 8 
Ethanol fuelled compression- 
ignition diesel engine 
8.1 Engine performance on ethanol. 
Comparison of engine performance on ethanol with operation on gasoil as a modified 
high compression ratio engine and as a standard engine is shown in Figures 8.1(a) 
to (c). These clearly show the effect of change of compression ratio on engine 
performance on gasoil and the effect of change of fuel at the same compression ratio. 
The brake specific fuel consumption of the modified engine on ethanol (converted to 
gasoil equivalent) was generally lower than for gasoil at almost all engine test 
conditions at the higher compression ratio of 20: 1. The exception was at an engine 
speed of 1500 rev/min where, at very low loads (bmep values less than 2 bar), the 
brake specific fuel consumption for ethanol and gasoil were similar. The figures also 
show the range of successful engine operation on ethanol as that from low to mid-load 
range, covering bmep values 100 - 450 kPa (1 - 4.5 bar). The original engine was 
rated to operate on a load range covering bmeps 0- 569 kPa at engine speeds of 1000 - 
2200 rev/min. Where engine operation on ethanol was successful, it was fairly smooth 
without audible misfire or knocking sounds. It must be pointed out, however, that 
because of the design of the engine as single cylinder, air-cooled, it had a rather high 
level of noise and, therefore, fairly low levels of misfire and knocking would not be 
heard. 
The experimental work with ethanol as represented in Figures 8.1(a) to (c) was not 
optimised in terms of injection timing or injection pressure. An injection timing of 23 
°BTDC (dynamic) was used for the ethanol operation and 28 °BTDC (by spill) was 
used for the standard engine operation on gasoil as this was the standard specification. 
An injection pressure of 217 bar was used throughout. Siebers et al (37) 
experimenting with ethanol and methanol under simulated diesel engine conditions 
showed that injection pressure within the 81 to 182 bar limits of their injection system 
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had little effect on the ignition delay and therefore performance of those fuels. To test 
the effect of injection timing on engine performance on ethanol in the current research, 
the timing was altered in one set of e p--rim°nts to 32 °BTDC. This was a9 degrees of 
crankangle advance over the previous setting of 23 °BTDC. The result of this is shown 
in Figure 8.2. Engine performance at the advanced timing showed a fairly similar 
trend to that at 23 °BTDC but with a significant increase in bsfc of up to 21 percent at 
low loads. Performance of the engine at loads of about, or higher than 50 per cent of 
rated load showed relatively insignificant variation between the two timings -a 
phenomenon that indicates the relative insensitivity of engine performance at high loads 
to a fairly significant change in injection timing. 
8.1.1 Intake air temperature requirement for operation on ethanol. 
Engine operation on ethanol as explained above was achieved by raising the 
compression ratio of the engine from the original 16.5: 1 to 20: 1 to increase the 
temperature rise during compression; and by fitting an EGR system to increase the 
initial charge temperature at the intake. Figure 8.3 shows the inlet manifold 
temperatures for successful engine operation on ethanol at 1500 rev/min. These range 
between 65 to 90 °C (338 - 363 K). These temperatures do not represent a limiting 
range for operation on ethanol. They are neither the minimum nor the maximum 
possible for operation on ethanol. They represent the temperatures at which engine 
operation was termed satisfactory - subjectively by its sound. Figure 8.3 also 
compares the intake air temperature for operation on ethanol to that for operation of the 
standard engine on gasoil. With standard engine operation, the intake air temperature is 
a reflection of the ambient air temperature. The drift upwards of air temperature with 
standard engine operation was caused by increasing room temperature during engine 
operation owing to inadequacies in room temperature control. 
A change of injection timing from 23°BTDC to 32°BTDC did not affect significantly the 
inlet manifold temperature requirement for satisfactory engine performance on ethanol 
as shown in Figure 8.4. Engine operation at 1500 rev/min at both injection timings 
of 23 and 32°BTDC was very sensitive to the inlet manifold air temperature. Increasing 
or decreasing the inlet manifold air temperature at successful engine operation by more 
than approximately +/- 15 K, normally tended to stop the engine. The scatter of inlet 
manifold temperatures with ethanol operation as shown in Figure 8.4, therefore, 
forms an envelope of the range of temperatures that would support satisfactory engine 
performance on ethanol. 
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Engine operation at 1500,1650 and 1800 rev/min showed a variation of intake air 
temperature requirement with engine speed (Figure 8.5). A trend of decreasing 
intake air temperature requirement was shown with increasing engine speed. 
Temperature requirement as low as 35°C was observed at an engine speed of 1800 
rev/min. Overall, satisfactory engine operation on ethanol at 1800 rev/min was 
achieved with inlet manifold temperature of about 40°C. Altering this temperature by 
more than approximately, +/- 20 degrees C tended to stop the engine. As the engine 
room temperature was about 25°C, the inlet manifold temperature of 40°C suggested no 
exhaust gas recirculation into the inlet port. This was confirmed by the installed 
oxygen analyser which registered no difference in the oxygen content of the ambient 
air to that in the intake port. At the higher engine speed of 1800 rev/min, engine 
operation was largely limited to higher loads, suggesting high in-cylinder temperatures 
achieved at the higher speed and load through residual gases and compression ratio 
alone. 
Advancing the injection timing at 1800 rev/min resulted in extending engine operation 
to lower load conditions (Figure 8.6). An injection advance of 6 degrees of 
crankangle showed a marked variation of intake air temperature requirement without a 
well defined pattern. The significant result, however, was in enabling engine operation 
at low loads. 
It is considered that intake air temperature requirement is a reflection of the air 
temperature requirement at the time of fuel injection. For engine operation on ethanol, 
air temperature requirement was expected to be higher than that for gasoil operation 
because of the higher autoignition temperature of ethanol. Assuming isentropic 
compression from an initial gas condition before compression, the gas temperature at 
the time of fuel injection can be computed. This was done by assuming the gas in the 
cylinder to be ideal, hence, the general equation of state for ideal gases applies: 
pV 
T= const. 
therefore, 
p1VI- P2V2 
Tl T2 
T= 
P2 V2 (8.1) 
2 T1 . PI . 
`V1 
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since compression is isentropic, 
p2 
__ 
V1 
Pl V2 
substituting for 
Pp2 
in equation 8.1 gives, 
1 
T2 = Tl 
or T2=T1. 
Vl V2 
V2 VI 
VI `-i 
V2 
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(8.2) 
The cylinder volume at the bottom dead centre before compression and at the time of 
fuel injection (ie 23 °BTDC for the data of Figure 8.7) were, respectively: 
V1= VTOT = 0.6931.10-3 m3 
V2 = VINJ = 0.6680.10-4 m3 
Applying equation (8.2), and taking: 
T2 = gas temperature at the time of fuel injection, TINJ 
T1= charge temperature at the inlet manifold, Tin 
and isentropic index, 'y = 1.3, gives the following relationship: 
TINJ = 2.02 Tin (8.3) 
Using equation 8.3 and the charge temperature at the inlet manifold, the gas 
temperature at the time of fuel injection can be computed. These are shown in Figure 
8.7 for operation of the engine on ethanol at 1500 rev/min, an injection timing of 23 
°BTDC and various load conditions. The mean gas temperature at the time of fuel 
injection for the data shown in Figur-7 8.7 is 714 K, with a sample standard deviation 
of 12 K. 
Equation 8.3 used for computation of TINJ assumes isentropic compression from the 
initial gis condition before compression. Since the real engine compression is neither 
adiabatic nor reversible, it is considered that the air temperature at the time of injection 
would have been lower than 714 K. Cylinder gas temperature of about 714 K at the 
beginning of fuel injection, however, compares well with the autoignition temperature 
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of ethanol of 638 K (365 °C). Charge cooling resulting from the high enthalpy of 
vapourisation of ethanol seems to have been contained by the cylinder temperatures 
achieved, maintaining the gas temperature above the autoignition temperature of 
ethanol. 
Work by Siebers et at (37) on ethanol and methanol under simulated diesel engine 
conditions showed minimum gas temperature at the beginning of fuel injection for 
autoignition of ethanol was 900 K and that for methanol was 950 K. Griffiths et at 
(23), who investigated the ignition characteristics of methanol in a rapid compression 
machine, quoted the lowest compressed gas temperature at which spontaneous ignition 
of methanol in air was observed as 825 K. The temperature quoted by Griffiths et al is 
a measured temperature, while those given by Seibers et al were computed from the 
intake air temperatures assuming isentropic compression. Siebers further showed that 
in order to obtain ignition delays comparable with those for current diesel fuels used in 
conventional diesel engine, methanol and ethanol required in-cylinder temperatures of 
about 1100 K. The difference between the minimum cylinder temperature of 900 K for 
autoignition of ethanol as given by Siebers and 714 K computed at an engine speed of 
1500 rev/min for this research partly shows the difference between simulated and actual 
diesel engine conditions. The difference may also be the result of assumptions made in 
the computation of those temperatures. A strong sensitivity of engine performance to 
the intake temperature was, however, shown throughout the load conditions at the 
engine speed of 1500 rev/min -a phenomenon which was also reported by Siebers et 
al. 
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Figure 8.1 Comparison of engine performance between standard operation on gasoil 
and modified engine operation on gasoil and ethanol at engine speeds (a) 1500 (b) 1650 
and (c) 1800 rev/min. 
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8.1.2 Thermal effects on engine components for operation on ethanol. 
In Chapter 6.2 it was shown that engine operation on gasoil at the higher 
compression ratio of 20: 1 resulted in higher cylinder head metal temperatures. 
Experiments at the same compression ratio on ethanol and without spark assistance 
showed almost the same trend of increase in cylinder head metal temperatures over 
those on gasoil operation (Figures 8.8(a) - (c)). The exception to this trend was 
shown at an engine speed of 1500 rev/min which exhibited no change in cylinder head 
metal temperature between operation on gasoil and on ethanol over the full load range 
(Figure 8.8(a)). Repeatability of this data was confirmed by another test on ethanol 
on a different date (Figure 8.9). At engine speeds of 1650 and 1800 rev/min 
cylinder head metal temperatures were higher on ethanol than on gasoil over the whole 
load range. This variation was higher, the higher the load at 1650 rev/min. If it is 
assumed that the cylinder head metal temperature is a function of the mean gas 
temperature in the cylinder, then the mean gas temperature was higher for ethanol 
operation than for gasoil at engine speeds of 1650 and 1800 rev/min over almost the 
whole load range. 
An increase in cylinder head metal temperature resulting from change of compression 
ratio was explained in Chapter 6, and was attributed to an increase in the rate of heat 
loss from the combustion chamber to the walls. The walls, including the inside wall of 
the cylinder head. Since this trend was compounded at the same compression ratio 
when running on ethanol (Figures 8.8(b) - (c)), it is suggested that the increase in 
cylinder head metal temperature resulting from operation on ethanol was caused by 
higher mean gas temperatures in the cylinder. 
Operation at temperatures higher than the engine design limits was evident in the 
number of heat related failures that occurred with both gasoil and ethanol operation at 
the higher compression ratio of 20: 1. These were all failures of the piston caused by 
loss of lubrication (Figure 8.10). The top and second compression rings were the 
parts most commonly affected. In four cases of piston failure, the second compression 
ring was found stuck in its groove, and the land between this ring and the top 
compression ring - the first ring land, was found cracked (Arrow marker 
C in Figure 
8.10). Removing the stuck second compression ring from the groove revealed that a 
portion of the first ring land was actually broken (portion between arrow marks A and 
B in Figure 8.10). In all cases of piston failure the pattern of the failure was almost 
identical and the same as that shown in Figure 8.10. The land affected was that on 
the thrust side. In the instances where the piston failed, it is assumed that the 
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temperature of the top land was in excess of 200 °C - at which point lubrication was lost 
leading to packing of the grooves with the products of decomposed oil. Deformation of 
the ring grooves might also have occured. The loss of lubrication and deformation of 
the ring grooves would have resulted from higher component temperatures as 
suggested by the higher heat transfer to the piston and cylinder walls. A further proof 
of higher component temperature is shown in Figure 8.11 where the combustion 
bowl insert melted during engine operation on ethanol. This is the portion of the bowl 
insert between arrow marks A and B (counter clockwise from A) as shown in Figure 
8.11. 
Piston failure resulting from higher heat loss to the piston, and possibly higher 
combustion temperatures at the higher compression ratios, has been found to be the 
main potential design problem for operation of conventional diesel engines modified to 
run on ethanol. 
Previous work by Newnham (5) and Wren (12) reported limitation on engine 
performance when running on ethanol with or without spark assistance due to thermal 
stress consideration on the cylinder head. Newnham experienced failure of the cylinder 
head by cracking, while Wren observed cylinder head metal temperature close to 350 °C 
which was the limit for safe engine operation. Neither of these were experienced in this 
programme. The current research applied a compression ratio of 20: 1 as opposed to 
23: 1 used by Wren. Further, unassisted ethanol operation was found possible at 
cylinder head metal temperature as low as almost 100 °C (Figure 8.8(a)). Compared 
with work by Wren, where unassisted operation was not possible at cylinder head 
metal temperatures below 230 °C, this suggested that unassisted ethanol operation in the 
current research was that of compression-ignition rather than that of surface ignition 
effected by a hot spot in the combustion chamber. 
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Figure 8.10 Piston failure resulting from loss of lubrication. CR25 piston on the left 
and CR22 piston on the right. 
Figure 8.11 Piston failure resulting from high component temperatures 
Combustion bowl insert has melted. 
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8.2 Combustion performance of ethanol at part load. 
Combustion of ethanol without aids for ignition assistance in a diesel engine was 
characterised by a relatively long ignition delay but more rapid combustion after 
ignition. Generally, the overall burn time for ethanol was shorter than that for gasoil at 
the same engine speed ani., locl, At an engine : peed of 1500 rev/min and 50 per cent 
load (15 Nm) for example, an ignition delay of 2 ms and a main burn period of 0.52 ms 
was achieved on ethanol as compared to 1 ms ignition delay and 2.6 ms main burning 
time for gasoil. The overall burn time for the two were 2.4 ms for ethanol operation 
(Figure 8.12) and 3.6 ms for gasoil operation (Figure 8.12). The longer ignition 
delay in the case of ethanol operation resulted in more fuel being evaporated and 
forming an ignitable air-fuel mixture before ignition. The subsequent pre-mixed 
combustion was more rapid than with gasoil operation. This resulted in high peak 
combustion pressure when running the engine on ethanol. 
8.2.1 Effect of load on combustion of ethanol at part load. 
Engine operation and the stability of its combustion was also very dependent on engine 
load. At an engine speed of 1500 rev/min, for example, engine operation at loads 
lower than about 4.5 Nm (i. e. 15 per cent of rated load) exhibited rough running. 
Figures 8.14(a) - (c) show the dependence of performance on engine load. 
Relatively large cycle to cycle variation in peak cycle pressure was shown at low loads 
(Figure 8.14(c). Figure 8.14(c) also shows that at very low loads some of the cycles 
might have ended without combustion. 
Combustion of ethanol at 1500 rev/min also showed a characteristic rapid main burn 
speed. The main burn angle (time) at 60 and 50 percent load were respectively, 4 deg 
CA (0.4 ms) and 4.7 deg CA (0.52 ms). A much longer main combustion duration of 
20 deg CA (2.2 ms) was recorded at 25 per cent load. A longer ignition delay was 
exhibited at low loads indicating the difficulty in initiating and maintaining combustion 
of ethanol without ignition assistance at low loads. In this research, the ignition delay 
was defined as the duration from the start of fuel injection to the moment when the 
cylinder gas had recovered from the effect of charge cooling resulting from 
vapourisation of the injected fuel. The longer main burn period with ethanol (compared 
with gasoil) at 25 per cent load was accompanied by a longer ignition delay. While the 
ignition delay period for ethanol at 60 and 50 per cent load were the same (17.7 deg CA 
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or 2 ms), that at 25 per cent load was longer by 9.3 deg CA. The overall result of this 
was a long overall burn angle at the lower load. 
8.2.2 Effect of combustion chamber insulation. 
Engine performance described in section 8.1 was obtained with the combustion 
chamber bowl machined in a separate piece of metal (aluminium alloy) and inserted in 
the modified standard piston as shown in Figure 6.1. This modification was 
necessary because blank pistons were not available. When these were finally made 
available, the combustion chamber was machined on the piston crown itself, hence 
eliminating use of a combustion chamber bowl insert (Figure 8.15). Engine 
performance using this piston showed a marked difference from performance with the 
bowl insert. At an engine speed of 1500 rev/min for example, the most notable 
difference was the fact that the engine would only support loads not very far off 50 per 
cent of rated (ie 15 Nm or bmep = 2.85 bar). The range of satisfactory engine 
performance was between bmep values of approximately 2.5 and 3.7 bar. Efforts to 
run the engine without the bowl insert by increasing the EGR level were not successful. 
This was possibly caused by an acute loss of volumetric efficiency at the higher levels 
of EGR as suggested by the relatively higher inlet manifold air temperature. The inlet 
manifold air temperature for satisfactory operation of the engine un-assisted on ethanol 
without the bowl insert at 1500 rev/min and 18 Nm was 105 °C (Appendix A9.2) 
compared with 84 °C for operation at the same running conditions but with a bowl 
insert (Appendix A9.1). Inlet manifold air temperature requirement for satisfactory 
engine performance was, generally, slightly higher than with a bowl insert. 
Appendices A9.1 and A9.2 show this trend at an engine speed of 1500 rev/min. 
The same trend was also shown at engine speeds of 1650 and 1800 rev/min. 
It is concluded, therefore, that the fairly satisfactory engine performance obtained on 
ethanol in this research was sustained because of the high combustion bowl 
temperatures which were brought about by an unintended limited insulation of the 
combustion chamber. The metal interface between the combustion chamber bowl insert 
and the rest of the piston created a thermal barrier which was caused by differences in 
thermal conductivities of the two metals and interface temperature drop. Operation 
without the bowl insert resulted in long ignition delays as evident from p-6 diagrams 
showing a longer period between injection and the beginning of the rapid rise in 
pressure (Figure 8.16(a)). Figure 8.16(a) shows that this delay is so long as to 
defer the start of combustion until after top dead centre. This combustion performance 
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is significantly different from that with a bowl insert at the same running conditions as 
shown in Figure 8.16(b). 
At an engine speed of i500 rev/min and 15 Nm (50% load), p-v diagrams of engine 
operation without the bowl insert show depressed indicated work, and therefore. 
indicated mean effective pressure as compared to performance with the bowl insert 
(Figures 8.17(a) and (b). Tables 8.1(a) and (b) show the computed net 
indicated mean effective pressures for 50 consecutive cycles of engine operation 
corresponding to the p-v diagrams of Figures 8.17(a) and 8.17(b). At the same 
engine operating conditions, the mean net imep for operation without the bowl insert 
was 403.3 kPa compared with 583 kPa for engine operation with bowl insert . This 
difference indicates a poorer combustion performance without the bowl insert or, in 
other words, without some form of insulation of the combustion chamber. This 
phenomenon was specific to engine operation on ethanol as it was not exhibited with 
operation on gasoil. Comparison of results for operation on gasoil with and without 
bowl insert had to be done at slightly different load conditions due to loss of computer 
data for some experiments. These are shown in Figures 8.18(a)-(b) and 8.19(a)- 
(b). The figures show comparable cylinder pressures and indicated work for 
operation both with and without a bowl insert at 1500 rev/min. Comparison of the 
percentage pressure rise profiles between engine operation with and without bowl insert 
is shown in Figures 8.20(a)-(b). Differences in the main burn angles (32.7 and 
23.3 deg CA respectively) shown in the two diagrams are more likely to have been 
caused by the differences in load conditions. 
Insulation of the combustion chamber was established to have an appreciable effect on 
the combustion performance of ethanol. In this research a more rapid combustion with 
a shorter ignition delay was achieved with insulation of the combustion chamber. This 
is evident from pressure rise fraction profiles of Figures 8.21(a)-(b). Both plots 
result from engine operation at 1500 rev/min and a load of 18 Nm (60 per cent load). 
Operation with bowl insert that results in insulation of the combustion chamber is 
shown in Figure 8.21(a), while Figure 8.21(b) shows results from operation 
without a bowl insert and, there-fore, without insulation of the combustion chamber. 
Part of the effect shown in the two figures might have been caused by the small 
difference in injection timing during the two operations, which were 23 and 27 °BTDC 
respectively. If it was assumed that a very small variation was introduced 
in 
combustion performance by the 4 degrees CA difference in injection timing, then 
it is 
clear that insulation of the combustion chamber resulted in a more rapid combustion of 
ethanol with a shorter ignition delay. While the shorter ignition delay exhibited with 
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combustion insulation is desirable, the more rapid combustion resulted in high peak 
pressures that can have detrimental effects on engine life. 
Experimental results suggest, therefore, that better engine performance on ethanol can 
be achieved by techniques designed to increase the gas temperature at the time of fuel 
injection coupled with some insulation of the combustion chamber. A deliberate 
attempt to insulate the combustion chamber was made by Kapus et al (17). They ran 
their 4-cylinder, methano fuelled DI/TC diesel engine at a compression ratio of 24: 1 
with a hot piston obtained by using an it , ulated combustion bowl insert. With the use 
of a hot piston they sought to improve the fuel economy and extend the life of the glow 
plugs. Results from initial tests were reported positive. 
8.2.3 Effect of injection timing on combustion performance of ethanol 
at part load. 
While a thorough examination of the effect of injection timing on engine performance 
with ethanol was not carried out, a limited investigation of it was done at an engine 
speed of 1500 rev/min using the piston without a bowl insert. Comparison of 
performance in terms of p-6 and p-v diagrams is given in Figures 8.22(a)-(c) and 
8.23(a)-(c) at a load of 18 Nm (i. e. 60% of rated load) and injection timings of 27, 
33 and 35 °BTDC. Comparison of performance at the higher load of 18 Nm was done 
because the injection timing of 33 °BTDC would not support engine operation at 50 per 
cent of rated load (15 Nm). It is evident that injection timing does affect engine 
performance. With the limited investigation, it was not possible to specify an exact 
pattern for the effect of injection timing on engine performance on ethanol, but results 
obtained suggest that engine performance was favoured by advanced injection timing. 
Fairly satisfactory engine performance was obtained at an injection timing of 35°BTDC 
(Figures 8.22(c) and 8.23(c)), and was comparable with performance at the same 
speed and load when operating the engine on ethanol with a bowl insert at an injection 
timing of 23 °BTDC (Figure 8.16(b)). 
From these results it is suggested that, while engine operation on ethanol without some 
form of combustion chamber insulation is possible, satisfactory engine operation will 
not be achieved at the same injection timings as with combustion chamber insulation at 
the same compression ratio and comparable inlet manifold temperatures. 
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Combustion performance of ethanol at an engine speed of 1500 rev/min, 18 Nm (60 
per cent load) and injection timings of 27,33 and 35 °BTDC showed a shorter main 
burn angle (time) of 18.7 deg CA (2. ms) at the advanced injection timing of 35 
°BTDC (Figure 8.24(c)) . 
The corresponding diagram of the fraction of the total 
pressure rise owing to combustion was more comparable with those obtained with 
gasoil operation. Retarded injection timings of 27 and 33 °BTDC (Figure 8.24(a) 
and (b)) resulted in a longer main burn duration of 30.2 and 30.6 deg CA respectively, 
or about 3.4 ms. Change of injection timing in the range between 27 to 33 °BTDC, 
therefore, had almost ne effect on combustion performance of ethanol.. A slight 
increase in injection timing from 33 to 35 °BTDC, however, resulted in an appreciable 
decrease in the main burn duration. It is evident from Figures 8.24(a)-(c) that 
injection timing does affect combustion performance of ethanol and that manipulation of 
engine operating conditions, including injection timing, could enable the achievement of 
main burn times comparable to those achieved with gasoil operation. The ignition 
delay 
period was largely unaffected by the change of injection timing in the range 
27 to 35 
°BTDC, and remained almost constant at about 28 deg CA (approximately 3.1 ms). 
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Table 8.1(a) Net imep for operation on ethanol 
at 50% load and 1500 rev/min without bowl insert. 
(50 cycles corresponding to Figure 8.17(a)) 
INDICATED MEAN EFFECTIVE PRESSURES 
Test number e99299 
Cycle no. IMEP / kPa 
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Figure 8.17(a) p-v diagrams (50 consecutive 
cycles) for operation on ethanol at 50% load and 
1500 rev/min without a bowl insert. 
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Table 8.1(b) Net imep for operation on ethanol 
at 50% load and 1500 rev/min with a bowl insert. 
(50 cycles corresponding to Figure 8.17(b)) 
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Discussion 
The current research addressed the problems of substitution of gasoil with alcohol fuels 
for small stationary diesel engines. The fuel used for this research was Industrial 
Methylated Spirit composed of 91.4% ethanol, 3.4% methanol and 5.2% water 
(Appendix 4). The small stationary diesel engine was chosen as the object of 
investigation because the research was based on a wider context of investigation of 
possibilities for application of indigenous low cetane value fuels, specifically alcohol 
fuels, for compression-ignition engines in the rural communities of developing 
countries. The small stationary diesel is a popular stand alone power plant in those 
communities facilitating such activities as water lifting, grain milling and small scale 
electrical power generation. While the use of the small diesel engines is a very 
important aspect for the development and general well being of those communities, the 
fuel that powers the engines poses a big problem. This is mainly because the less 
affluent developing countries are not able to afford the oil bill, especially as the demand 
for petroleum increases year after year. This increase in demand for oil is a 
consequence of the population growth and a gradual improvement in the living 
standards of those communities. The issue of fuel supply for, among other 
applications, the small stationary diesel engine is, therefore, very important for 
developing countries. While the majority of developing countries have no oil of their 
own, almost all of them have potential for different forms of indigenous energy 
resources that can be utilised to provide fuel for the engines. These are like natural gas 
and biomass resources. The current research addressed ethanol derived from 
biomass 
as most developing countries have a potential to grow biomass. 
Extensive research has been carried out by other workers in the area of substitution of 
petrol with alcohol fuels. This concentrated mainly on automotive applications and 
Brazil offers a good example for implementation of such a programme 
(41,42,43). The 
area of substitution of gasoil with alcohol fuels, however, 
has not been merited with 
the same amount of -, -xtensive research. This is probably 
because of, among other 
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reasons, lack of incentive for applying the obviously low cetane number fuels to Cl 
diesel engines. The cetane number of methanol, for example, is 3 and that of ethanol is 
8 (27). Both of them are by far lower than the cetane number 30 which is considered to 
be the minimum for satisfactory combustion performance in a diesel engine. 
Compared to petroleum fuels, alcohol fuels have the other undesirable features of low 
calorific values and high enthalpy of vapourisation. Their high autoignition 
temperatures and therefore high octane rating make them more suited for replacement of 
gasoline in spark-ignition engines than replacement of gasoil in compression ignition 
engines. If alcohols are to be considered as a substitute for petroleum fuels on a large 
scale, however, they must at the same time be used as a substitute for gasoil. 
The various differences in the physical and chemical properties between alcohol fuels 
and gasoil as listed in Appendix 1 and described in Chapter 1 necessitate special 
measures to get alcohol fuels to burn in diesel engines. Figure 1.1 shows the various 
techniques used by different researchers investigating the application of alcohol fuels 
for operation of diesel engines, and the various advantages and disadvantages of each 
of those techniques are described in Chapter 1. The current research having developed 
from a previous programme on application of ethanol and methanol in a spark-assisted 
stationary diesel engine focused on the application of ethanol in the same engine 
without aids for ignition, that is to say, as a conventional compression ignition engine. 
Like the technique for spark-ignition, this method offers the potential for complete 
substitution of gasoil with alcohol fuels. Unlike the spark-assisted diesel, however, 
this technique offers the added advantage of not requiring a separate ignition system in 
addition to the fuel injection equipment. As such, the technique simplifies the engine 
design, and is therefore potentially attractive for use in the less technically advanced 
developing countries. 
The philosophy adopted for the current research was that the real problem for the 
application of alcohol fuels in compression ignition diesel engines is their much higher 
autoignition temperatures compared to that of gasoil. The spontaneous ignition 
temperature of ethanol for example, is 365 °C compared to 245 °C for gasoil (27). This 
philosophy led to modification of the engine to increase its compression ratio 
in order to 
increase the temperature rise in compression and fitting an exhaust gas recirculation 
system in order to increase the initial gas temperature. The combined effect of the two 
is to provide high enough gas temperatures at the time of 
fuel injection to enable 
spontaneous ignition of the alcohol fuel. Except for the alteration of the compression 
ratio of the engine by modification of the combustion chamber and 
inclusion of an EGR 
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system (Figures 6.1 and 7.4), the engine was maintained to as near standard as 
possible. 
Baseline performance of the standard engine on gasoil. 
An initial programme to establish the baseline performance of the standard engine 
rebuilt as per the specification of the manufactLW_rer was carried out and the results of this 
programme are described in Chapter 5. The performance of the standard engine on 
gasoil (CR 16.5: 1) was found to be slightly different from the specification by the 
manufacturer. At 75 per cent of rated load, the brake specific fuel consumption of the 
engine was about 7- 8% higher than the manufacturer's specification (Table 5.2). 
Considering operation of the same engine in previous research programmes handling 
fuels of various qualities, the performance observed was considered to compare well 
with the manufacturer's specification. Figures 5.2(a)-(c), therefore, records 
standard engine baseline performance in terms of brake specific fuel consumption at 
various speeds and load conditions. Cylinder head metal temperatures not exceeding 
225 °C (Table 5.3) and exhaust temperatures not exceeding 550 °C were observed 
(Figures 5.4(a)-(c)). The peak cylinder pressures resulting from operation of the 
original engine on gasoil were reported in section 5.3 of Chapter 5, and these were 
found not to exceed 80 bar at all speeds tested and up to 98 per cent of rated load at 
respective engine speeds. 
Baseline performance of the modified high compression ratio 
engine (CR25 and CR20) on gasoil. 
A subsequent programme to assess the effect of raising the compression ratio on engine 
performance on gasoil, revealed a poorer performance in terms of brake specific fuel 
consumption esulting from the increase of compression ratio from the original 16.5: 1 
to 25: 1 and to 20: 1. Full results of this are described and explained in Chapter 6. The 
reason for this programme was to determine the ways in which the change of 
compression ratio alone affected engine performance without the side effects of change 
of the fuel. 
Engine power output was highly limited at the very high compression ratio of 
25: 1. 
The original engine which was rated at 4.7 kW at an engine speed of 
1500 rev/min, 
was able to achieve only 2.7 kW at the higher compression ratio of 
25: 1. Further, the 
brake specific fuel consumption was much higher 
for the same loads (Figures 
6.4(a)-(b)). Attempts to load the engine to power outputs higher than the maximum 
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outputs achievable at the higher compression ratio tended to stall it. Higher bsfc values 
suggested worse brake thermal efficiencies at the higher compression ratio. This 
observation was discussed in Chapter 6 and shown to be contrary to the theoretical 
relationship, widely regarded to be a practical observation, that engine efficiency 
improves with increased compression ratio. Obviously, parameters apart from 
compression ratio contribute to the overall performance of a practical engine. Since 
only the compression ratio was changed in this programme, it is observed that 
parameters like injection timing and injection pressure which were not optimised at the 
new compression ratio, and which are not considered in the simplified theoretical 
relationship of equation 6.1 (Chapter 6), might have combined to drop the performance 
of the engine. This was indicative of the role of parameters other than compression 
ratio in the possible operation of the engine on other fuels including alcohols. 
Theoretical considerations using the air standard cycle efficiency for the ideal dual 
combustion cycle, and assuming an increase of compression ratio from 16.5 to 20 
show an expected improvement of the ideal air standard cycle efficiency by 4%. The 
ideal air standard cycle efficiency, would normally be compared with the indicated 
thermal efficiency of the engine. According to Ferguson (34), indicated thermal 
efficiency of in engine improves at a faster rate with increasing compression ratio than 
the brake thermal efficiency since friction and heat losses increase with compression 
ratio. Considered in this context, the results of engine operation at the higher 
compression ratio of 20: 1 are in line with current knowledge, and it has been shown by 
experimental results that the compression ratio of 20: 1 was high enough to reverse the 
beneficial effects of increased compression ratio in terms of brake thermal efficiency. 
Accompanying the lower brake thermal efficiencies resulting from operation of the 
engine at the higher compression ratio of 20: 1, were higher cylinder head metal 
temperatures and exhaust temperatures as shown in Figures 6.8 and 6.9. The 
higher cylinder head metal temperature observed at the higher compression ratio is 
considered to be a manifestation of the higher heat loss from the combustion chamber to 
the walls, that is, including the cylinder head. The corresponding increase in exhaust 
temperature suggests an increase in the mean combustion temperature. It was 
concluded in Chapter 6 that the higher compression ratio of 20: 1 tended to 
increase the 
mean combustion temperature resulting in increased heat loss to the cylinder 
head and 
higher exhaust temperatures. Because of the higher heat 
loss, less fuel energy was 
made available for shaft power and this might have been the cause of the observed 
loss 
in brake thermal efficiency. 
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The inferred increase in mean combustion temperature with operation of the engine at 
higher compression ratios was considered advantageous for operation on alcohol fuels. 
Hotter residual gases would be retained, resulting in higher cylinder temperature under 
compression. Since engine operation at the compression ratio of 20: 1 was considered 
to be within the engine's mechanical and thermal limitation, this compression ratio was 
used in subsequent work on ignition and combustion of ethanol in the engine. 
The effect of exhaust gas recirculation on engine 
performance on gasoil. 
Results of operation of the engine as a modified high compression ratio engine with 
application of exhaust gas recirculation are given in Chapter 7. Low exhaust gas 
recirculation levels of less than 5 per cent were shown to have a significant effect on the 
performance of the engine. While increase in compression ratio was shown previously 
to result in deterioration of engine performance on gasoil, application of low levels of 
EGR of less than 5% to the high compression ratio engine improved its performance 
(Figure 7.9). Higher levels of EGR, however, resulted in deterioration of engine 
performance and it was shown in Chapter 7 that by increasing the EGR level, engine 
performance can be made as bad as running it without EGR (Figure 7.10). 
The lessons learned in this programme were that EGR affects engine performance, and 
for gasoil, small amounts of EGR had positive effects on the performance of the high 
compression ratio engine. This knowledge was utilised in subsequent engine 
experiments on ethanol, where it was decided to attempt engine operation on ethanol by 
application of only small amounts of EGR of the order of not more than 5%. 
Operation of the high compression ratio engine on ethanol. 
Having established the engine baseline performance on gasoil, and the effects of 
increasing the compression ratio and those resulting from application of exhaust gas 
recirculation, the high compression ratio engine was operated on ethanoll. The results 
of opera,.: on of the engine on ethanol are presented and explained in Chapter 8. 
Overall, the results show that the original proposition that the main problem for ignition 
of alcohol in compression ignition engines was their high autoignition temperatures was 
shown to be relevant. The technique for achieving high in-cylinder temperatures to 
1 ethanol here refers to Indu:; trial methylated spirit comprising of 
91.4% ethanol, 3.4% methanol and 
5.2 % water mixed with 2% by volume castorene. 
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enable spontaneous ignition of ethanol by raising the compression ratio and 
introduction of low levels of EGR was found to work. Successful engine operation on 
ethanol was achieved from the low to mid-load range covering bmep values of 100 - 
450 kPa (1 - 4.5 bar). Results of these are shown in Figures 8.1(a)-(c). The brake 
specific fuel consumption of ethanol was converted on energy basis to gasoil 
equivalent. Brake specific fuel consumption values for ethanol were generally lower 
than those for gasoil at respective engine operating conditions at a compression ratio of 
20: 1, but higher than the values obtained with standard engine on gasoil. 
The intake air temperature requirement for successful engine operation on ethanol at an 
engine speed of 1500 rev/min, for example, was established to be in the range 65 - 90 
°C. This was achieved at an injection timing of 23 °btdc. Advanced injection timing of 
32 °btdc showed a similar trend in intake air temperature requirement (Figure 8.3). 
The intake air temperatures here, were those that enabled satisfactory engine running as 
determined subjectively by its sound. Engine operation on ethanol at various speed and 
load conditions was found to be very sensitive to the inlet manifold air temperature. 
Increasing or decreasing the inlet manifold air temperature at successful engine 
operation by more than approximately +/- 15 K normally tended to stop the engine. 
Increasing the air temperature would tend to drop the volumetric efficiency of the 
engine, and this can reach such an extent as to stop the engine. Decreasing the intake 
air temperature on the other hand, would have resulted in lower gas temperatures at the 
time of fuel injection that would not promote spontaneous ignition of ethanol. 
Sensitivity to intake air temperature for application of ethanol in a diesel engine was 
also reported by Siebers (37). 
Engine speed also had an appreciable effect on the inlet manifold air temperature 
requirement. Operation at engine speeds of 1500,1650 and 1800 rev/min showed 
decreasing air temperature requirement witz increasing engine speed (Figure 8.5). At 
the higher end of the load range (bmep values of 3.5 to 4.5 bar) and engine speed of 
1800 rev/min, engine operation on ethanol did not require exhaust gas recirculation. 
Inlet manifold air temperature in this case was about 40 °C (Figure 8.6). Hot residual 
gases resulting from operation at the higher load and speed combined with the higher 
compression ratio to enable high enough gas temperatures to be attained at the time of 
fuel injection to promote spontaneous ignition of ethanol. 
Assuming that the cylinder gas was ideal, and that compression was isentropic, the 
temperature of the gas at the time of fuel injection was computed for engine operation at 
1500 rev/min and various loads. The mean gas temperature at the time of fuel injection 
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at 1500 rev/min was ! determined to be 714 K and compared well with the spontaneous 
ignition temperature of ethanol of 638 K. 
Thermal effects on engine components for operation on 
ethanol. 
Engine operation of ethanol resulted in operation at component temperatures higher than 
design limits. This applied specifically for the piston. Five cases of heat related 
failures of the piston were encountered during the research which involved 144 hours 
of total running time. Four out of the five piston failures affected the rings and the first 
and second ring lands (Figure 8.10). In the four cases of piston failure, the second 
compression ring was found stuck in its groove and careful removal of this revealed 
that a portion of the first ring land was actually broken. In all cases, a crack was found 
in the second ring land. The mode of failure was similar in all cases and affected only 
the thrust side of the piston. It is assumed that in the cases of failure, the temperature 
of the top land was in excess of 200 °C, at which point lubrication of the piston and 
cylinder was lost leading to packing of the grooves with the products of decomposed 
oil. Loss of lubrication, therefore, led to failure of the pistons. Operation at higher 
component temperatures was further confirmed by the fifth piston failure in which the 
combustion bowl insert melted (Figure 8.11). 
Piston failures resulting from higher heat loss to the piston and possibly higher 
combustion temperatures with operation on ethanol, have been found to be the main 
potential design problem for application of ethanol in conventional diesel engines 
modified to higher compression ratios. 
Combustion performance of ethanol at part load. 
The combustion of ethanol without aids for ignition assistance in a diesel engine was 
characterised by a relatively long ignition delay but more rapid combustion after 
ignition. The overall burn time for ethanol was generally shorter than that for gasoil at 
respective engine running conditions. Figures 8.12 and 8.13 give an example of 
this at an engine speed of 1500 rev/min where an overall burn time of 
2.4 ms was 
recorded for ethanol and 3.6 ms for gasoil at 15 Nm (50 per cent 
load). Notable also, 
was the fact that combustion performance and stability of combustion of ethanol was 
also affected by engine load and this is explained in more 
detail in section 8.2. 
Subsequent work on the engine without a bowl insert showed that the stable 
combustion of ethanol in the earlier part of the research was enabled 
by insulation of the 
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combustion chamber that resulted from inserting a separate piece of metal carrying the 
combustion chamber boy il into the piston crown (Figure 6.1). The metal interface 
between the combustion chamber bowl insert and the rest of the piston created a thermal 
barrier that tended to insulate the combustion chamber and maintain it at temperatures 
higher than would have been otherwise possible. Without a bowl insert, the engine 
operated only in a narrow load range near the originally half load. This covered bmep 
values of 2.5 - 3.7 bar as opposed to 1-4.5 bar achieved with a bowl insert. Inlet 
manifold air temperature requirement for satisfactory engine operation was slightly 
higher than with a bowl insert. Appendices 9.1 and 9.2 show engine test data with 
and without a bowl insert at an engine speed of 1500 rev/min, which include the inlet 
manifold air temperature. Without a bowl insert, a longer ignition delay was evident 
from p-6 diag'ams showing a longer period between injection and the beginning of the 
rapid rise in pressure (Figure 8.16(a)). 
Apart from load and insulation of the combustion chamber, injection timing, too, 
affected combustion performance of ethanol. The effect of injection timing was studied 
at various speed and load conditions. At an engine speed of 1500 rev/min and load of 
18 Nm (60 per cent load), injection timings of 27,33 and 35 °btdc showed a variation 
of combustion performance as exhibited by variation of p-6 and p-v diagrams of 
Figures 8.22 and 8.23. Advanced injection timing of 35 °btdc seemed to achieve a 
stable combustion which also resulted in relatively higher indicated mean effective 
pressures as shown in Figures 8.22(c) and 8.23(c). A shorter main burn angle of 
18.7 deg CA (2.1 ms) was exhibited at the advanced injection timing of 35 °btdc 
(Figure 8.24(c)) compared to the retarded timings of 27 and 33 °btdc which achieved 
a main burn angle of 27 and 33 deg CA respectively. The corresponding diagram of 
fraction of total pressure rise owing to combustion at this setting was more comparable 
with those obtained with combustion of gasoil. Manipulation of engine operating 
conditions on ethanol, including the injection timing, therefore, seemed to enable 
combustion performance comparable to that of gasoil. 
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Chapter 10 
Conclusions 
In general the research described achieved the following positive 
results: 
"a satisfactory engine performance was obtained on ethanol in a small stationary 
compression-ignition diesel engine. This was achieved at a load range covering bmep 
values of 100 - 450 kPa at engine speeds of 1500 to 1800 rev/min. 
" increase in brake specific fuel consumption was noted at the higher compression ratio 
of 20: 1 on gasoil compared with operation of the original engine at a compression ratio 
of 16.5: 1. 
"a higher compression ratio of 20: 1 and introduction of exhaust gas recirculation were 
used successfully to achieve the high in-cylinder gas temperatures which are necessary 
for spontaneous ignition of ethanol in a diesel engine. 
" the brake specific fuel consumption of the modified high compression engine (CR 
20: 1) on ethanol (converted to gasoil equivalent) was generally lower than that of gasoil 
throughout the operating load range at the same compression ratio and comparable with 
that for gasoil in the original engine. 
" no problems were experienced with the fuel injection equipment for the whole period 
of operation on ethanol. Adequate lubrication of the fuel pump and injector was 
achieved by addition of 2 per cent of castorene by volume to the fuel. 
" engine operation was not limited by cylinder head metal temperature. The cylinder 
head metal temperature remained below the metallurgical limit of 350 °C throughout the 
programme of research, and successful operation at temperatures as low as about 100 
°C at low loads confirmed ignition of the fuel by compression. 
"a wider range of engine operation was possible using an inserted combustion 
chamber bowl in the piston providing some insulation of the combustion chamber. 
Insulation of the combustion chamber enabled the attainment of high in-cylinder gas 
temperatures that were necessary to promote spontaneous ignition of ethanol in a diesel 
engine. 
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" ignition delay was generally longer for operation on ethanol than with gasoil at the 
same engine operating conditions. 
" the main burn time was generally shorter for ethanol than for gasoil. 
Experience gained in this programme points to some remaining 
problems which need to be addressed by further research and these are: 
" the starting and warm-up phases still require gasoil or spark-assistance. In this 
research, engine starting and subsequent warming-up was done with the help of a 
spark-plug. It would be desirable to start the engine with a glow plug as has been 
reported for an automotive two-stroke diesel engine. 
" piston failures of the insulated bowl version suggest that local lubrication oil 
temperatures were too high when operating on ethanol. Safe and reliable engine 
operation on ethanol would require a design of the combustion chamber or a technique 
that would limit heat transfer to the top land of the piston in order that the final 
temperature of lubrication oil in the vicinity of the top land is maintained at below 200 
°C. Most lubrication oils degrade at temperatures above 200 °C causing piston failure. 
In the light of the problems that still need to be addressed, the following 
topics are recommended for further research: 
" investigation of the engine operating conditions that would enable spontaneous 
ignition of ethanol in a compression-ignition diesel engine without insulation of the 
combustion chamber. This could possibly be extended to the study of the extent and 
method of insulation of the combustion chamber that is necessary for optimum 
operation on alcohol fuels. To facilitate this, the software for analysis of combustion 
performance based on the method by Krieger and Borman which was initially 
developed in-house for spark-assisted diesel engines will need to be modified for use 
on a compression-ignition engine burning alcohol fuels. 
" an extensive investigation of the cause of increased local lubrication oil temperatures 
resulting from operation on ethanol and a method to decrease this effect. A successful 
programme on this would eliminate piston failure when operating on ethanol. This 
study could incorporate operation of the engine on ethanol for relatively long periods, 
say, in excess of 500 hours of total running time in order to evaluate the full extent of 
the effects of running a diesel engine on ethanol and the adequacy of lubrication of the 
fuel injection equipment. 
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" investigation of the possibility of starting and subsequent warming-up of the engine 
with the help of a glow plug. The glow plug would be switched off after the warm-up 
phase and the engine left to run under compression-ignition. This method has so far 
proved successful on a two-stroke diesel bus engine of the Detroit Diesel Corporation 
of the United States of America. Successful application of this method on the small 
stationary diesel would preserve the simplicity of the engine and, consequently, help to 
keep the initial capital cost in purchasing such engines low. 
In conclusion, an engine and combustion system has been developed 
which makes a significant contribution towards the goal of providing a 
simple, cheap and environmentally sound small power plant for use in 
the less affluent communities of the developing countries. 
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Appendix 1 
Properties of alcohol fuels compared with hydrocarbons (Z, ) 
Fuel Methanol Ethanol Petrol' Gasoil2 
Specific gravity 0.796 0.794 0.75 0.84 
Lower calorific value [MJ/kg] 19.9 27.2 32.3 36.0 
Energy density (net) @ 15°C [MJ/1] 15.9 21.6 43.1 42.9 
Enthalpy of vapourisation @ b. p [kJ/kg] 1080 845 279 177 
Research octane number 114 111 92 - 98 N. A. 
Motor octane number 92 89 84 -88 N. A. 
Cetane number 3 8 8- 14 45 
Stoichiometric air-fuel ratio [kg/kg] 6.45 8.98 14.5 14.2 
Spontaneous ignition temp. [°C] 385 365 280 245 
Flammability limit in air (air/fuel)mass 1.6 - 12.6 2.7 - 18.5 6-22 3-20 
(alf)stoich. 0.51 - 4.0 0.49 - 3.3 0.66-2.4 0.71 - 4.7 
Flammability limit f= (a/f) 
Kinematic viscosity - liquid [cSt] 0.77 
1.67 0.6 6.0 
boiling point [°C] 64.7 78.5 33 - 190 180 - 360 
Specific heat capacity 
Liquid @ 15°C [kJ/kg K] 2.52 2.43 2.00 1.90 
vapour @ 25°C [Id/m3 K] 
1.38 1.46 1.55 1.49 
Composition CH3OH C2H5OH C5 - C12 
hydrocarbons 
1 value varies depending on the composition of the particular sample. 
2 as note 1 above. 
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Fixed speed engine performance 
characteristics 
1. Scope 
This specification describes the test procedure to determine the performance loop at 
constant engine speed for the test engine as applied in this research. 
2. Test Procedure 
2.1 Start engine on minimum load, increase to rated load at specified speed (where 
possible) to warm up. If cylinder head temperature exceeds 350 C warm up at reduced 
load. 
2.2 When the engine temperatures have stabilized, record test observations (3) whilst 
maintaining speed constant (_+1%) at the following loads (expressed as a percentage of 
the full rated load): 100,25,40,60,75,90,95,100,105,110% and continue in 5% 
increments up to a maximum load achievable (or cylinder head metal temperature of 
350 OC) or until a rapid rise in fuel consumption is observed. 
Return to 100% load to confirm that engine condition has not deteriorated during 
overload. 
N. B. a) Maintain each load increment until temperatures have stabilized (usually about 
10 minutes) before recording test observations. 
3. Test observations 
The following parameters to be monitored at each load increment at constant speed: 
(1) Engine torque, Nm 
(2) Engine speed, rev/min 
(3) Temperature: Exhaust/Cylinder head, OC 
(4) Fuel time, s 
(5) Ambient temperature, OC 
0 (6) Combustion air intake temperature, C 
(7) Atmospheric pressure (Barometer), mm Hg 
(8) Crankcase depression, mbar 
(9) Orifice pressure, mbar 
(10) Exhaust smoke - visual or Bosch units. 
(11) Oil temperature, OC. (position of thermocouple 
(a) Gear end sump plug. 
(b) Flywheel end sump plug. 
(c) Dipstick 
(12) Oil pressure, mbar 
to be specified). 
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Fluid flow measurement by sharp- 
edged orifice 
Figure A3.1 Fluid flow through a sharp-edged orifice. 
Air flow is measured by the fall of pressure when air passes through a sharp-edged 
orifice. For the flow through the orifice to be sufficiently free from the pulsations of 
the intermittent air intake into the engine, the orifice is placed in the side of an air tank 
of suitable capacity. Air enters the tank through the orifice and passes from the tank to 
the inlet manifold of the engine. An inclined U-tube manometer shows the fall of 
pressure across the orifice. 
The basic principle underlying the operation of the orifice meter is an increase in flow 
velocity accompanied by a decrease in fluid pressure. Thus the quantity of fluid 
flowing can be computed from the measured pressure drop across the orifice. 
Consider a plate provided with a sharp-edged circular orifice fitted into conduit between 
two flanges as shown in Figure A3.1. Upstream from the plate, the free stream 
12 
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velocity is C1 and the pressure p 1, downstream from the plate a 'vena contracta' is 
formed and the cross-sectional area decreases to a minimum value (Amin). At the vena- 
contracta the velocity attains its maximum value and the pressure decreases to p2. 
Further downstream the stream gradually expands and resumes normal flow. 
Neglecting small pressure losses, and temperature changes, the general energy equation 
may be applied to cross-sections (1) and (2). 
pl 
+1 C1 + Zlg = 
P2 
+1 C2 + Z2g (A3.1) 
P1 2 P2 2 max 
C2C2 PI I P2 
-r, + Z1 =+2 max + Z2 Pig 2g P2g g 
taking Z1 = Z2, and assuming no change in density (ie pl = p2 = p) then 
2 
P1 C 
P 
C2 P2 max 
2 P 
Pi - P2 122 (A3.2) 
and, 2 (C max - 
C1ý 
P 
From the continuity of mass equation; the discharge volume is 
V= A1. C1 = A. C = Amin "Cmax 
where owing to contraction; 
Amin = c. A 
A 
and C 
min 
1= Al "C max 
A (A3.3) 
or, C1=c Al . 
Cmax 
Substituting for C1 in equation (A3.2), 
P1 -P2 
_1 C2 _ýf 
AC )2 
2 max c Al max P 
2 Cmax 
{1(fc)2 
_ 
AA, 
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C= 
2(p1 
p- 
P2) 1 
00 max A)2 (A3.4) 1_( ýA1 
Volume flow of air is given by 
" 
V= Amin 
' 
Cmax 
or V= .A" Cmax 
Tcd2 2(p 1- p2) 1 
P 1-(f jý2 
1 
According to the British Standard BS 1042: 1943, this is conveniently used in the 
following form: 
Tcd2 2(pl p V= Cd. 4. E. - (A3.5) P 
where E =approach factor =. 
1 
1- (A)2 
A If m=A- D 
11 
E=1 (A3.6) 
1 -m2 
Cd = coefficient of discharge. 
The coefficient of discharge is, in practice, experimentally obtained. For orifices 
according to BS 1042, Cd can be obtained from diagrams. The approach factor E 
becomes 1 for Al » A. For m<0.07 and Re <2x 104, it can be assumed that Cd = 
0.6. Therefore the flow (equation A3.5) is given by: 
" 2(P1 P2) C Tcd2 
ý 
d. 4 P 
let p1- P2 = Apo 
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V= Cd. Tcd2 4 
LA. po} 
P 
(A3.7) 
The density p for air can be found from: 
PV =mRTa 
m where p=V= 
Pa 
R. T 
aa 
Ra, the gas constant for air = 0.287 kK g 
Re-arranging equation (A3.7) becomes: 
Cd. ý. 4 . d2. 
T 
77, 
lP1 
let [Apo] = mbar 
[Pl = kg/m3 
[d] = mm 
From equation (A3.8) 
Apo. 10-3.105 N/m2 
C ý2. Tc A2.10-6 m2 d* 4p kg/m3 
Op 
V= Cd. ý2.4 . 
d2.10-5. ° m3/s 
P 
Orifice diameter, d= 25 mm 
Assuming Cd = 0.6; 
mass flow of air, ma = PV 
= 24.99 Cd p. 4po kg/h 
= 14.99 p. 4po kg/h 
(A3.8) 
(A3.9) 
(A3.10) 
the density of air is given by, p= 
Pa (A3.11) 
R. T 
a 
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where [Pal 
[Ra] 
[T] 
= Pascal (N/m2) 
= J/kg K 
=K 
Atmospheric pressure is however, read in mm Hg; and the temperature in degrees 
Celsius. 
Therefore, pa = pm. g. p. 10-3 
where p= atmospheric pressure in mmHg 
pm = density of mercury = 13546 kg/m3 
Substituting for atmospheric pressure, pa, in equation (A3.11), 
Pa 
Ra. (Ta + 273) 
= 13546 x 9.81 x 10-3.287 (T 
p+ 
273) kg/M3 
a 
p= 463 x 10-3 (T 
+273) kg/m3 (A3.12) 
a 
Substituting for p in equation (A3.10) 
m= 14.99 463 x 10-3 ýT 
+273) Ao kg/h 
a 
m= 10.2 (T 
+273) Apo kg/h (A3.13) 
a 
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Determination of calorific value of fuel (Bomb Calorimeter test). 
To establish the gross calorific values of the fuel used, a bomb calorimeter test was 
performed. This is a standard test commonly used for this purpose in many educational 
establishments. For this research, a Gallenkamp Bomb Calorimeter was used. 
A sample of the fuel was burnt in a high pressure oxygen atmosphere within a strong 
stainless steel vessel, called the `bomb'. The bomb was placed in a water filled 
calorimeter vessel which in turn was housed in an adiabatic jacket. The purpose of the 
adiabatic jacket was to provide an enclosure for the calorimeter system and was 
maintained at the same temperature as the calorimeter throughout the test period, With 
this arrangement, heat transfer between the two was therefore prevented. 
The adiabatic jacket was electrically heated and cooled by running water. Very 
sensitive thermistors sensed the temperature of the calorimeter and the jacket, which 
through a controller turned the electric heater on and off keeping the two temperatures 
in equilibrium. 
The sample fuel was ignited electrically using a short length of nickel chromium wire to 
which was attached a strand of cotton leading to the test sample. 
The calorimeter thermometer had a range of 21 °C to 27 °C in 0.01 degree C increments 
and with the aid of a microscope, temperature could, with care be read to 0.001 °C. 
The water jacket thermometer had a range of -5 °C to 50 °C in 0.1 degree C increments. 
When combustion of the fuel was complete and the temperature of the calorimeter had 
stabilised, the final temperature was recorded. The difference between this and the 
initial temperature gave the temperature rise (AT) of the calorimeter system. The total 
energy released was calculated from the temperature rise multiplied by the heat capacity 
of the calorimeter. From this, the heat of combustion of the firing wire and that of the 
cotton were deducted. The remainder was the energy released by the fuel. The gross 
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calorific value of the fuel was then obtained by dividing the energy released by the 
weight of the fuel burned. 
Results of tests: 
Bomb calorimeter tests gave the following average Gross calorific values (at constant 
volume), MJ/kg: 
Gasoil 45.561 
Industrial methylated spirit (IMS) 26.498 
IMS + 2%(vol) castorene 26.589 
Ethanol 28.884 
Details of experimental measurements are given in Test sheets A4.1 - A4.12. 
The Net or Lower (not the Gross (GCV)) Calorific Value of the fuel was used for 
computation of engine performance parameters like brake thermal efficiency. The 
Lower Calorific Value (LCV) of the fuel at a constant volume relates to the state where 
the water (originally contained in the fuel and that formed by combustion) in the 
products of combustion is in the gas phase. LCV is less than the GCV by an amount 
equal to the internal energy of phase change of water. 
Assuming gases to be ideal, it can be shown that (30): 
LCV = GCV - OAl(L - RT)r12.8.05 H+ Wl (A4.1) 1016 ý 
which, at the reference temperature of 25 °C, gives: 
LCV = GCV - (207H + 23.0W) J/g 
(A4.2) 
where, H= percent by mass of hydrogen in fuel 
W= percentage by mass of water in fuel 
R= specific ideal gas constant of water, 0.46151 J/kg K 
R= Universal gas constant, 8.3143 J/mol K 
L= specific enthalpy of phase change of water. At 25 °C, L= 2442 J/g. 
The alcohol fuel used in the current research and referred throughout the text as ethanol 
was Industrial Methylated Spirit (IMS) with 2 per cent of castorene 
(by volume) added 
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to it for lubrication. The composition by mass of the IMS was established at BP 
research centre in Sunbury (UK) as: 
91.4 % ethanol (C2H5OH) 
3.4 % methanol (CH3OH) 
5.2 % water (H20) 
The lower Calorific Value of the fuel alcohol used can be computed thus: 
" the molar mass of ethanol, 
" molar mass fraction of hydrogen, 
" the percentage of hydrogen in fuel, 
" the percentage of water in fuel, 
M=46 
XH=46=0.13 
H=0.914x0.13 x 100= 11.88 
W=5.2 
Using equation A4.2, 
LCV =[ 26.589.103 - (207 x 11.88 + 23.0 x 5.2)] J/g 
= 24.01 MJ/kg. 
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AUTOMATIC BOMB CALORIMETER (Gallenkamp) 
REPORT SHEET A4.1 
Calibration of Equipment 
Sample Reference: BENZOIC ACID Analyst: N. Joyce. Date: 10.11.92 
Trial No. 1 
Crucible + fuel (g) 7.862 
Crucible (g) 6.489 
Fuel (g) 1.373 
Final temperature (°C) 24.605 
Initial temperature (°C) 21.200 
Uncorrected temperature rise (K) 3.405 
Total thermometer correction (°C) 
Corrected temperature rise (K) 
Total heat capacity of apparatus (J/K) 10 686 
Total heat release (J) 36 385 
Constant heat gain (J) 65 
Corrected heat from fuel (J) 
Heat form 1g of fuel (J) 
Sulphuric acid correction (J) 
Gross calorific value of fuel (j1 g) 
NOTES 
Weight of firing cotton (g) = 0.003 
Energy of firing cotton (J) = 0.003 g x 17 500 J/g = 52.5 
Energy of firing wire (J) = 12.6 
Energy of Benzoic acid (J) = 1.373 g x 26 453 J/g = 36 320 
Total energy released (J) = 36 385.1 
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AUTOMATIC BOMB CALORIMETER (Gallenkamp) 
REPORT SHEET A4.2 
Fuel sample: GASOIL Analyst: S Kawambwa. Date: 10.11.92 
Trial No. 1 2 
Crucible + fuel (g) 7.210 7.228 
Crucible (g) 6.496 6.497 
Fuel (g) 0.714 0.731 
Final temperature (°C) 26.928 25.565 
Initial temperature (°C) 21.875 22.445 
Uncorrected temperature rise (K) 3.053 3.120 
Total thermometer correction (°C) 
Corrected temperature rise (K) 
Total heat capacity of apparatus (J/K) 10 686 10 686 
Total heat release (J) 32 624 33 340 
Constant heat gain (J) 65 65 
Corrected heat from fuel (J) 32 559 33 275 
Heat form 1g of fuel (J) 45 601 45 520 
Sulphuric acid correction (J) 
Gross calorific value of fuel (J/) 45 601 45 520 
Average Gross calorific value of fuel (J/g) 45 561 
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AUTOMATIC BOMB CALORIMETER (Gallenkamp) 
REPORT SHEET A4.3 
Fuel sample: IMS + 2%(vol castorene). Analyst: S Kawambwa. Date: 11.11.92 
Trial No. 1 2 3 
Crucible + fuel (g) 7.573 7.557 7.596 
Crucible (g) 6.497 6.492 6.494 
Fuel (g) 1.076 1.065 1.102 
Final temperature (°C) 24.808 25.330 25.092 
Initial temperature (°C) 22.115 22.695 22.332 
Uncorrected temperature rise (K) 2.693 2.635 2.760 
Total thermometer correction (°C) 
Corrected temperature rise (K) 
Total heat capacity of apparatus (J/K) 10 686 10 686 10 686 
Total heat release (J) 28 777 28 158 29 493 
Constant heat gain (J) 65 65 65 
Corrected heat from fuel (J) 28 712 28 093 29 428 
Heat form 1g of fuel (J) 26 684 26 378 26 705 
Sulphuric acid correction (J) 
Gross calorific value of fuel (J/) 26 684 26 378 26 705 
Average Gross calorific value of fuel (J/g) 26 589 
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AUTOMATIC BOMB CALORIMETER (Gallenkamp) 
REPORT SHEET A4.4 
Fuel sample: IMS Analyst: S Kawambwa. Date: 11.11.92 
Trial No. 1 2 3 
Crucible + fuel (g) 7.583 7.563 7.705 
Crucible (g) 6.491 6.494 6.492 
Fuel (g) 1.092 1.069 1.213 
Final temperature (°C) 25.657 26.269 26.578 
Initial temperature (°C) 22.948 23.602 23.570 
Uncorrected temperature rise (K) 2.709 2.667 3.008 
Total thermometer correction (°C) 
Corrected temperature rise (K) 
Total heat capacity of apparatus (J/K) 10 686 10 686 10 686 
Total heat release (J) 28 948 28 500 32 143 
Constant heat gain (J) 65 65 65 
Corrected heat from fuel (J) 28 883 28 435 32 143 
Heat form 1g of fuel (J) 26 450 26 599 26 446 
Sulphuric acid correction (J) 
Gross calorific value of fuel (J/) 26 450 26 599 26 446 
Average Gross calorific value of fuel (J/g) 26 498 
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AUTOMATIC BOMB CALORIMETER (Gallenkamp) 
REPORT SHEET A4.5 
Fuel sample: ETHANOL (100%) Analyst: S Kawambwa. Date: 11.11.92 
Trial No. 1 2 
Crucible + fuel (g) 7.583 7.554 
Crucible (g) 6.491 6.491 
Fuel (g) 1.092 1.063 
Final temperature (°C) 26.465 26.060 
Initial temperature (°C) 23.510 23.178 
Uncorrected temperature rise (K) 2.955 2.882 
Total thermometer correction (°C) 
Corrected temperature rise (K) 
Total heat capacity of apparatus (J/K) 10 686 10 686 
Total heat release (J) 31 577 30 797 
Constant heat gain (J) 65 65 
Corrected heat from fuel (J) 31 512 30 732 
Heat form 1g of fuel (J) 28 857 28 911 
Sulphuric acid correction (J) 
Gross calorific value of fuel (J/) 28 857 28 911 
Average Gross calorific value of fuel (J/g) 28 884 
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Ideal Dual Combustion Cycle 
The ideal dual or mixed combustion cycle is a hypothetical engine cycle representing the 
majority of compression ignition engines. In a hypothetical ideal combustion cycle, all 
possible losses associated with operation of an actual engine are eliminated. Ideal 
cycles, therefore, are used to determine the maximum efficiency theoretically possible 
under perfect conditions. The ideal or air standard efficiency derived from the ideal 
cycle represents a yardstick against which the efficiency of the corresponding engine 
can be assessed. 
P 
2 
3 
Figure A5.1 p-v diagram for an ideal dual combustion cycle. 
An ideal dual combustion cycle is shown in Figure A5.1 and the following assumptions 
are made: 
(a) at point (3) of the diagram, the cylinder is full of air of volume V31 pressure P3 
and temperature T3. The air behaves as perfect gas and remains in the cylinder to be 
used over and over again in successive cycles. 
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(b) compression from points (3) to (4) is adiabatic and reversible, the gas therefore 
rejects no heat and the work done in compression increases the internal energy of the 
charge. 
(c) the majority of heat is added from an external hot source to the charge at constant 
volume (4) - (5) and the remainder at constant pressure (5) - (1). 
(d) expansion from (1) to (2) is adiabatic and reversible so that the reduction in 
internal energy of the charge is equal to the work done by the charge upon the 
piston. 
(e) heat is rejected by the charge at constant volume to an external sink. The charge 
temperature is reduced to T3 and the pressure to P3 so that the original conditions are 
restored at the end of the cycle. 
To calculate the air standard cycle efficiency the following procedure can be followed. 
Let , 
Since 
V4 = V5 
V1 
a v4 
V3 
rý V4 
P5 
P 4 
V2 = V3 
= clearance volume ratio 
= cut-off volume ratio 
= compression ratio 
= pressure ratio. 
V2 V3 V4 
V1 V4" Vi 
V3 V5 
V v 
V3 1 
V4, V1 
V5 
V2 rv 
v1 a 
Consider unit mass of charge, 
total heat added, Q. = Cv (TS - T4) + Cp (T 1- T5) 
heat rejected, Qout = Cv (T2 T3) 
(A5.1) 
air standard efficiency is, 
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_ 
Qin - Qout 
ii Qin 
1_ 
Qout 
Qin 
(T2 - T3) 1- Cv (T5 - T4) + Cp (T1 - T5) 
(T2 - T3) 
- T4) + Y(T1 -T 5) 
(A5.2) 
(T5 
Since cycle temperatures are seldom known, it is convenient to express the air standard 
cycle efficiency r1i, in other terms. 
This can be done by, for example, expressing all temperatures in equation A5.2 in 
terms of a single temperature, say T5; and use these expressions to eliminate the 
temperature terms. 
Consider the process (1) - (2), 
PVy= ¢1 
also T= 02 
therefore p=01=02. 
T 
vy 
v 
v= kT 
VY 
l 'Y V 
=k T 
T1 V2y- 1 
T2 V1 
T1 
v 1' -1 
T2 -a 
(A5.3) 
considering process (3) - (4); 
Appendix 5. Ideal Dual Combustion Cycle 150 
T4 V3 y-1 
T3 V4 
T4 Y- 
T3 = rv 
Consider the constant volume process (4) - (5); 
P4 y4 
_ 
P5 V5 
T4 T5 
since V4 = V5 
P4 P5 
T4 T5 
T4 
_ 
P4 
_1 T5 P5 ß 
Consider the constant pressure process (5) - (1) 
P5 = Pl 
V5 V1 
T5 T1 
T1 V1 
TS = =a VS 
T1 =aT5 
Substituting for T1 in equation A5.3, 
a T5 y-1 
T2 - La 
pC -1 T2 = aTS r- 
i a T2 = T5 y-1 
r v 
(A5.4) 
(A5.5) 
(A5.6) 
(A5.7) 
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from equation A5.5, T4 =i T5 (A5.8) 
substitution for T4 in equation A5.4 gives 
T 
ß5 7-1 
T3 = rv 
T3 =1 rvý 
1 
T5 (A5.9) 
R 
substitution for T1, T2, T3 and T4 in equation A5.2 gives 
T ay 
1 
i 5rv y- 
=1- `' 
rý 
1 ý1 
T5 (1 -R) +7T 5 (a - 1) 
= 1- 
1Y 1_ 
r ý- 
i °C ß 
V 
il 
- 
Ri+ 
y (a - 1) lJ 
Ili =-1 
(ß aY - 1) A5.10 
r V 
This is the air standard cycle efficiency of the ideal `Dual `or `Mixed' combustion cycle. 
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Formulae for evaluation of test data 
The following formulae are some of those used for computation of engine performance 
parameters from experimental data. 
1. angular speed of dynamometer, co. 
c, ) = 
-N [s-1] 
60 
N= engine speed in rev/min. Note that the dynamometer is run at half the engine 
speed off the camshaft. 
0 
2. brake power, W. 
Ws 
=Tc)x 10-3 [kW] 
T= torque on dynamometer [Nm] 
ws 
_ 
TNT 
x 10-3 [kW] 60 
3. brake mean effective pressure, bmep [bar]. 
2)2 N/2 _1 Ws [WI = bmep(N/m x A(m)xS(m)x 60 (s ) 
nd2 N/2 
= bmep xxSx 4 60 
where, stroke, S=0.11 m 
bore, d=0.873 m 
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hence, 
" 
WS = 5.487 x 10-6 x bmep x N. 
bmep [N/m2] = 
0 
WS 
5.487 x 10-6 .N 
" 
ws bmep [bar] = 0.5487 xN 
where, WS = [W] 
N= [rev/min] 
0 
4a. Volume flow rate of fuel, Vf [1/h]. 
"_ 15 (ml) x 10-3 (1/ml of -t (s) 
= 
t4 
[1/h] 
4b. Fuel flow per cycle, Vf/cyc" 
Výcyc [mm3/cycle] 
Vf (mm3/s) 
= N/2 
60 (s-1) 
V [mm3/cycle] _ 
1.8 x 106 
f/cyc Nt 
O 
4c. Mass flow rate of fuel, mf [kg/h]. 
mf [kg/hl =p (kg/m3) x Vf (1/h) x 10-3 (m3/1) 
for gasoil, p= 849 kg/m3 
for IMS, p= 793 kg/m3 
Appendix 6. Formulae for evaluation of test data 
O 
5. Mass flow rate of air, ma (kg/h). 
0 
a 
[kg/h] = 10.2 (Ta 
p273) Apo 
where AP0 [mbar] = orifice pressure drop 
p [mmHg] = atmospheric pressure 
Ta [°C] = ambient temperature 
(Refer to Appendix 3 for the derivation of the formula above. ) 
6. Brake thermal efficiency, 11bt 
Abt 
ws 
= Qf 
" 
= 
ws 
. 3600.10-3 mf 
x LCV 
or, rlbt 
Ws 3600.10-3 
LCV 
mf 
" 
where, brake power, Ws 
fuel power, 
6f 
mass flow of fuel, mf 
lower calorific value of fuel, LCV 
LCV(gasoil) = 42.9 MJ/kg 
LCV(IMS) = 24.01 MJ/kg 
= [kW] 
= [kW] 
_ [kg/hl 
_ [J/kg] 
" 
Hence, for gasoil, =1 
Ws 
bt 11.9' mf 
for IMS, _1 
ws 
Abt 
-6.67' m 
f 
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7. Brake specific fuel consumption, bsfc [g/kWh]. 
bsfc f 
[kg/h] m 
= WS [kW] 
bsfc [g/kWh] = 
mf 
. 103 W 
s 
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8. Brake specific fuel consumption, gasoil energy equivalent, bsfcGOE" 
This has been used to compute the brake specific fuel consumption for ethanol in 
terms of gasoil energy equivalent. 
bsfc = bsfc 
LCVE, h 
ooE E, " LCVGo 
where LCVETH and LCVGO are the lower calorific values of ethanol and gasoil 
respectively. 
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Appendix 7 
Calibration sheet for Pressure Transducer 
(type: Kistler 6123A1, SN 370721) 
Kalibnerblalt 
d etalheage 
Calibration -KI 
S]rL_ R 
sheet Piezo-Imtrurrnrntation 
Druckaufnehmer 
Capteur de pression 
Pressure transducer Type 6123A1 SN 370721 
Kalibrierter Bereich Betnebstemperaturbereich 
Gamme etalonnee [bar] Gamme de temp. d utilisation ("Cl -196... 350 Calibrated range 0... 200 0... 20 0... 2 Operating temperature range 
Empfindlichkeit Kalibriert bei 
Sensibilite [PC/bar] -16,5 -16,6 -16,6 Etalonne a 20 
`C 
Sensitivity Calibrated at by Sh Date 6.12.88 
Linearitat 1bar=10'N m'=1,019... at=14.50... psi 
Linearite, <% FSO 0,3 0,3 0,3 1at=lkp-cm-'=1kgf-cm=0,980665 bar 
Linearity 1 psi = 0,06894.. -bar 
-3 000 -300 
tQ[PC1 
-2 000 H -200 
-1 000 H -100 F-H -1 
p [bar] 1: 4 ý 1-4 
0 
0 20 40 60 
0 2 4 
0 0.2 
Abhängigkeit der Empfindlichkeit 
von der Temperatur 
Sensibilite en fonction 
de la temperature 
80 
6 
0,4 
100 
8 
0,6 
120 
10 
0,8 
140 
12 
1 
160 
14 
1,2 
180 
16 
1,4 
200 
18 
1.6 
20 
1.8 2 
- -r --1T-7 --- _ý r r.. -- ' 
i 
. 
i 
-16,5 PC/bar 
L- L 
Sensitivity v. rsuS tcýiný, ý raturc 
100° ", 00° 300° 
350°C 
Irr r, im "ný., ,; l, (: V I-ßt. 1' S.. rlltnr 
tir hvn T "Ir"fýýn (os: ') H: 
) 11 11 T Ir". Ifi 4`, 7) 
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Appendix 8 
Specification of instruments used 
A8.1 Microcomputer data acquisition system. 
" Sirton microcomputer - based on a Z80A CPU (including a dual floppy disk drive). 
" 12 - bit A-D converter board (Cromemco ADC 12 - Analog to Digital Interface) 
" Video monitor: Televideo 925 
(Figure 3.6 in Chapter 3 shows the set up of the Data acquisition system). 
A8.2 Shaft encoder. 
The encoder used was a digital shaft encoder with the following specifications: 
Type DE1 053+V 
Serial No. 5809 
Rotation CW - Signal 1 leads Signal 2 
Pules/Rev. 360 + Marker 
Max. speed 5000 rev/min. 
Temperature range -10 to +70 C 
Supplier Digitech Instruments Ltd. 
(19 St. Mary's Crescent. London. NW4 4LJ) 
Appendix 8. Instruments used 
Pin connections: 
Pin number 
1 MARKER (BDC) 
2 SIGNAL 2 
3 COMMON. OV 
4 +5V DC 300mA 
5 SIGNAL 1 (CA) 
6 N. C. 
7 CASE 
Source: "Rotary encoders". DigiTech Instruments Ltd. 
In the current research the encoder was connected as per Figure A8.2 below. 
Green 
(°CA) 
(+5V) (oy) 
Yellow 
(BDC) 
Figure A8.2. Encoder pin connections 
A8.3 Pressure transducer. 
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Type: 6123A1 
Supplier: Kistler Instruments Limited. Whiteoaks, The Grove. 
Hatley Wintney. Hants, RG27 8RN. 
Attributes: i) various applications including arduous engine 
operation close to knocking. 
ii) long periods of measurement. 
iii) uncooled operation. 
Technical data: Range 0- 200 bar 
Operating temp. range -50 to 350°C 
Appendix 8. Instruments used 
A8.4 Charge amplifier. 
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Type: 5007 
Supplier: Kistler Instruments Limited (refer B. 5.4) 
Technical data: Measuring range pC ±10 - 500 000 
Transducer sensitivity pC/MU 0.1-11000 
Input voltage V ±125 
General data: Temperature range 9C 0-50 
Supply voltage V 220/110±20% 
A8.5 Oscilloscope. 
Type: Haureg HM 205-2 
Supplier Paxton Instruments. 2 letchworth Business Centre. 
Avenue One, Letchworth, Herts. SG6 2BB 
A8.6 Graphic printer. 
Type: Hameg HM 8148 
Supplier: Paxton Instruments (see B. 55) 
A8.7 Analog to Digital converter. 
Type: Cromemco ADC 12 
Supplier: Cromemco Inc. 280 Bernado Avenue. 
Mountain view, CA. 94043 
Description: The ADC 12 is an S-100 bus compatible, 16 channel, 12 
bit Analog to Digital converter. 
Analog voltage ranges: 0 -5V 
0- l0V 
-2.5 - 2.5V 
-5 - 5V 
-10-+10 
the -10 - +10V corresponds to 
factory configured setting. 
Conversion time: < 25 ms 
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